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Abstract

Bearing lubricants are essential to the efficient and reliable operation of high-speed
rotating machinery. Lubricant films separate the rotating shaft and the stationary bearing
structure to minimize friction and remove heat while providing stiffness and damping
forces to the shaft that enable its smooth operation at high speeds. As the demand for
larger, faster machines increases along with the need to push existing equipment to new
extremes of operation, the need for lubrication technologies that can support these higher
demands is also increased. However, the difficulty in this need lies in the fact that bearing
lubricants introduce inefficiencies and other performance limitations of their own. The
goal of this work is to develop a novel lubrication technology called gas-expanded
lubricants (GELs) which stand to provide real-time control over bearing and rotor
dynamics while increasing bearing efficiency and reliability, and without comprising the
other important functions that lubricants are needed to provide. GELs are controlled by
dissolving carbon dioxide into synthetic lubricants at high pressure. The control of
mixture composition provides direct control over the lubricant viscosity. Larger machines
often require the use of more viscous fluids to support the weight of the rotor, which can
then lead to higher bearing losses and heat generation due to the viscous shear of the
fluid. Greater lubricant viscosities also tend to increase bearing stiffness which in many
cases can be detrimental to the rotordynamic stability of the machine. The tunability that

these fluids impart can be used prior to machine startup or shutdown to maximize



rotordynamic stability or to maximize bearing efficiency and reduce operating
temperatures during steady operation, thereby increasing the life of the bearing. GELs
also provide the ability to adapt to dynamic operating conditions as a result of changing
environmental or loading conditions. Other lubricant and bearing technologies have been
developed in attempts to improve machine performance, but none of them offer the real-
time control of bearing and rotor dynamics of GELs without comprising other important
bearing properties such as load capacity.

To fully understand the implications of this lubricant technology on bearing and
overall machine performance, it was necessary to develop a fundamental understanding
of both the properties of these fluids as well as their expected impacts on machine
performance and design. This work applied a combination of experimental and modeling
techniques to answer questions related to the development and use of GELs in rotating
machinery. The viscosity, diffusivity, and thermal properties of GELs were measured and
combined with existing data in the literature to fully characterize their behavior. The
mixture viscosity was found to be driven by the amount of carbon dioxide dissolved into
the fluid while effects on other properties were found to be minor. This knowledge
allowed for the accurate prediction of GEL performance in a variety of machinery
bearings operating at a range of loads and speeds. It was found that the changes in
lubricant viscosity can significantly affect bearing efficiency, operating temperature, and
stiffness and damping forces while keeping other bearing metrics such as eccentricity and
minimum film thickness within acceptable ranges. The effects on bearing dynamics were
also found to have significant impacts on machine rotordynamic performance metrics

including rotordynamic stability, though effects on unbalance-driven vibration



amplitudes of the rotor were found to be minor. A number of unique design
considerations are discussed in the context of two experimental test rigs that were
designed and assembled for the characterization of GEL performance in high-pressure
bearings and seals. This work provides the foundation for a novel lubrication technology
with the potential to significantly increase performance and control in high-speed rotating

machinery.
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Chapter 1

Introduction

1.1 Background

1.1.1 Lubrication in Rotating Machinery

Lubricants play an important role in rotating machinery as they separate solid,
rotating surfaces and dissipate heat from these high-friction areas. In bearings, lubricants
support the weight applied to the bearing, provide stiffness and damping to the rotating
shaft, and protect both the rotating and support components from wear [1-3]. In gear
meshes, lubricants provide a thin separating film between gear teeth and reduce the
amount of friction taking place [4].

High-speed rotating machines are typically lubricated by two types of oils: mineral
oils and synthetic oils. Mineral oils are derived from mined crude oil and are
manufactured by fractional distillation and other refining processes such as mixing with
organic solvents to remove impurities [5]. Synthetic oils are produced from chemically-

modified low molecular weight hydrocarbons that are carefully polymerized to achieve
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the correct chemical structure and fluid properties. Synthetic lubricants are widely known
to have a number of performance benefits over mineral oils including a higher viscosity
index, a greater thermo-oxidative stability, and greater resilience under extreme operating
conditions. Some synthetic oils are biodegradable as well, making them easier to dispose
of. Lubricant additives are also commonly used to enhance the performance of both
mineral and synthetic oils and include viscosity index improvers, anti-oxidants, anti-wear
additives, corrosion inhibitors, and extreme pressure additives. This dissertation will
focus primarily on a new form of lubricant called gas-expanded lubricants (GELS), which
are mixtures of synthetic oil and dissolved carbon dioxide. The synthetic oils studied as
GELs in this work include pure lubricant base stocks of three commonly used lubricant
chemistries in high-speed turbomachinery: polyalkylene glycols (PAG), polyol esters
(POE), and polyalpha olefins (PAQO). These lubricant classes were selected as they are
widely used as high-speed bearing lubricants. In addition to the above mentioned
properties, these fluids have also been shown to be highly compatible with solutes such
as carbon dioxide [6].

Bearing and gearbox environments in rotating machinery are typically characterized
by high surface speeds, requiring a separating lubricant film to reduce wear between
these surfaces and dissipate heat resulting from the viscous shear of the fluid.
Elastohydrodynamic lubrication theory, governed by the Reynolds Equation, is applied to
predict the fluid behavior of these systems [7]. Hydrodynamic lubrication is described as
the convergence of a wedge-shaped fluid film that is a result of the motion of the rotating
surface. The term “elasto” takes into account the elastic deformation of the solid surfaces

being separated by the film. The thermal behavior of the fluid film and the surrounding
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structures are then commonly analyzed using the Energy Equation. Further details of
these approaches will be described in subsequent chapters.

These environments are subjected to a wide range of operating conditions, driven
primarily by ambient conditions, system design, and operating speed. Operating
temperatures typically range from 40 to 100 °C, though many applications exist in more
extreme environments as well. Lubricants are typically supplied at pressures of 15 to 40
psi [7], though in the fluid film region local pressures can exceed many hundreds of psi
as a result of the applied load to the film. In many applications lubricants can also be
delivered at much higher pressures during startup to provide separation between metal
surfaces until the fluid film develops as a result of the shaft motion. Hydrostatic bearings,
which rely more on hydrostatic fluid pressure than the hydrodynamic action of the fluid
to provide support for the rotor, are operated in a similar manner. Dynamic operating
conditions are also typical of many applications as a result of fluctuating ambient
temperatures, operating speeds, and loading conditions.

The effects of the lubricant and its properties on the performance of bearings are
substantial. Because power loss in rotating components is a direct function of fluid shear,
which is a function of the lubricant viscosity, efficiency gains can be accomplished by
changing out lubricants currently in use with less viscous fluids (Figure 1.1). The viscous
shear of the fluid also creates heat, hence lower viscosity fluids also tend to produce
lower operating temperatures. However, as the film thickness and load carrying capacity
of the fluid also typically decrease with viscosity, careful consideration must be taken in
making such operational changes. This has proven to be the case when using very low

viscosity fluids such as gases, which are limited in terms of both load capacity and rotor
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damping [8]. Lubricant viscosity also has a significant effect on the forces applied to the
rotor by the fluid as it rotates inside the bearing, with lubricant temperature — and its
effect on viscosity - affecting the stiffness and damping properties of the fluid film [9].
Lubricant pressure can also affect the stiffness and damping forces applied to the shaft in
hydrostatic bearings, with higher pressures often resulting in greater bearing stiffness. In
GELs the lubricant viscosity is controlled by the amount of carbon dioxide dissolved into

the fluid, which is a function of both pressure and temperature.

Figure 1.1. Lubricant shear in the non-supporting regions of bearings results in excessive

power loss and higher operating temperatures.

Viscosity index (VI), the measure of a fluid’s change in viscosity with temperature,
has also been shown to affect the energy efficiency of a lubricated system [10]. By
having a higher VI, which is typical when comparing synthetics to mineral oils, the fluid

viscosity increases less with lowering temperatures, reducing power losses under these
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conditions. Because mineral oils also tend to increase in viscosity as they degrade over
time, whereas some synthetic oils do not, synthetics have been shown to generally
outperform mineral oils in many performance metrics including energy efficiency [4, 10-
12]. Other lubricant properties including thermal conductivity and heat capacity have also
been found to have an impact on bearing performance, though their effects are smaller
when compared to viscosity and viscosity index [10].

As previously described, there are a number of tradeoffs to consider when selecting
the proper lubricant for an application. Simply choosing a less viscous fluid to increase
efficiency can reduce fluid film thickness and load capacity, resulting in increased wear
and premature failure. This leads operators to choose fluids based on worst-case
operating conditions which can lead to long-term inefficiencies, particularly in dynamic
applications. Conventional mineral oils are also subject to thermo-oxidative breakdown,
increasing inefficiencies as they thicken over time as well as leaving sludgy deposits
within support components which can also reduce long-term reliability. Pure synthetic
fluids offer a higher performing alternative to mineral oils, though they also lack
adaptability in dynamic environments, thus also being subject to worst-case design
criteria.

Other bearing design and lubricant-based technologies have been studied and utilized
in industry to enhance bearing or rotordynamic performance. Directed and leading-edge
lubrication techniques, wherein the lubricant is injected directly into the fluid film region,
effectively eliminate the need to flood the housing with lubricant [13]. These
configurations reduce the amount of fluid shear, and thus, the power loss occurring in the

bearing. Other bearing design parameters including bearing clearance, length-to-diameter
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ratio, and the use and design of tilting pads and pressure dams can be used to increase
bearing stability [14-18]. Hydrostatic bearings are often employed in smaller, less
eccentric machines where the process gas can be used as the lubricant, as well as in larger
machines and specialty applications where the hydrostatic pressure can provide lift
during low speed operation [7, 19]. However, none of these fluid-based bearings offer
any means of real-time bearing and rotordynamic control. Magnetic bearings are utilized
in select applications as well, providing the benefits of both greater efficiency and
rotordynamic control [20-29], though their use often comes at the expense of high energy
consumption, limited load capacity, higher cost, and the requirement for backup bearing
systems for energy-loss or control-loss emergency scenarios. Electro-rheological and
magneto-rheological fluids have also been proposed as “smart” fluids that could be used
to increase bearing performance, though these are still in the early stages of development

due to extreme technological demands [30, 31].
1.1.2 Properties of Lubricant-Carbon Dioxide Mixtures

As GELs are pressurized mixtures of synthetic oil and carbon dioxide, understanding
their properties is essential to understanding their potential effects on bearing
performance. Some of the properties of these mixtures have been studied over the past
decade by the refrigeration industry as it seeks to identify alternatives to chlorinated
refrigerants. Hauk and Weidner [6] studied the potential of using CO;, as a ‘green’
refrigerant and evaluated a number of these mixtures for their solubility and phase
behavior. They found that while most of the mixtures exhibited adequate miscibility at
higher temperatures, miscibility limits were demonstrated particularly at low

temperatures and with PAO-based mixtures. Hauk [32] also provides a library of
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solubility data for these mixtures in his doctoral thesis, matching experimental data with a
Peng-Robinson equation of state. Yokozeki [33] demonstrated that the solubility and
phase behavior of these mixtures could be accurately predicted using a Redlich-Kwong
equation of state. Youbi-ldrissi and coworkers [34] used an empirical equation to predict
the solubility of PAG-CO, mixtures, also showing good agreement with experimental
data. Bobbo and coworkers [35] performed similar solubility analyses with a series of
POE lubricants in an effort to determine the most ideal lubricant for refrigeration
applications where the refrigerant would be exposed to the oil.

The viscosity of mixtures of synthetic oil and carbon dioxide was reported in the
literature by Hauk and Weidner [6] for one each of a PAG, POE, and PAO, though the
specific relationship between pressure, the mass fraction of dissolved CO,, and mixture
viscosity was only reported for the PAG. This work provided the first evidence that this
relationship existed, showing a linear drop in the mixture viscosity with an increasing
mass fraction of dissolved CO, when the viscosity is plotted on a log scale, indicating
that this behavior could be controlled via pressure. Hauk’s doctoral thesis [32] presents
mixture viscosity data for 2 PAGs, 2 PAOs, and 1 POE for a number of isotherms, also
showing this behavior. Clarens and coworkers [36] verified this behavior for a low-
viscosity PAG and used a modified Arrhenius equation to accurately predict the change

in viscosity with increasing mass fraction of CO; (Figure 1.2).
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Figure 1.2. Lubricant viscosity at two isotherms as a function of dissolved CO, mass

fraction. From Clarens et al. [36].

The density of synthetic oils has been reported by Hauk [32] to be affected minimally
by the addition of carbon dioxide (Figure 1.3). Experimental data was presented for 2
PAGs, 1 POE, and 1 PAO. At low mass fractions the CO, has little effect due to there
being so little solute dissolved into the lubricant. At higher mass fractions, the CO,
density approaches that of the lubricant so the effect at these concentrations is also

negligible.
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Figure 1.3. Lubricant density remains relatively unchanged for a wide range of pressures

and temperatures. Adapted from Hauk [32].

1.1.3 Effects of Dissolved Solutes on Lubricant Performance

A number of liquid-liquid and gas-liquid mixtures have been evaluated for their
effects on bearing performance in the past. Bair [37] describes how liquid-liquid mixtures
can be used to control the viscosity of a mixture, using solutes such as fatty acids, esters,
and polymer mixtures. While this may be a promising approach for certain types of
applications, it is limited in many applications because of the difficulty inherent in liquid-
liquid extractions. Some mixtures require extremely high pressures (hundreds of MPa) to
lower the viscosity of the fluid. A second drawback is that some polymer mixtures

exhibit non-Newtonian, shear-thinning behavior, making it difficult to achieve specified
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fluid properties using this technique. This behavior was modeled by Liu and coworkers
[38], with high molecular weight thickeners added to the base lubricant having a minimal
effect on film thickness. Thirdly, some of these mixtures are inseparable once they are
created, resulting in irreversible control over the fluid properties. Considering oil-water
emulsions, Wang and coworkers [39] evaluated their performance using
elastohydrodynamic theory. They found that the fluid film thickness varies with oil
droplet radius and the inlet volume fraction of oil. It was also found that oil “pooling”
typically takes place near the inlet of the lubricated component. This behavior, along with
a dependence on speed, often results in these mixtures having inferior lubricating
properties as they are typically only used in applications where a high fire-resistance in
the fluid is required.

In conventionally lubricated bearings, the fluid film undergoes a pressure spike and
subsequent drop as the fluid converges and diverges through the loaded region. In some
cases this pressure drop can result in the formation of multi-phase mixtures as well as
cavitation, which can result in pitting or other forms of enhanced corrosion. Khonsari and
Booser [7] describe two primary forms of cavitation in journal bearings: gaseous
cavitation and vapor cavitation. Gaseous cavitation, the most common form, involves
phase separation as the fluid film expands in the divergent region of the pad and the
pressure drops below the gas saturation pressure. This low-pressure cavity of air is then
reintegrated into the fluid as the pressure increases again, resulting in no damaging
effects on the bearing. Vapor cavitation, which is more typical in dynamically loaded
bearings, results from pressure drops below the vapor pressure of the lubricant, creating

air cavities that are then rapidly compressed by the dynamic load. This causes a collapse
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of the air cavity on the surface of the material leading to an erosive damaging effect on
the bearing surface.

The Grando group at the University of Leeds has published a number of articles on
cavitation and multi-phase flow modeling in journal bearings [40-42]. They reported that
mixtures of lubricant with dissolved HFC-134a - which results in a reduction of the
mixture viscosity - perform similarly to that of pure lubricant in terms of the pressure
distributions across the support region, indicating no detrimental effects in the bearing as
a result of the dissolved solute or multi-phase flow. They do, however, point out the need
for more information and models on gas absorption as they could only model the system
as a single-phase or multi-phase system, not taking into account the actual rate of gas
absorption locally. Younan and coworkers [43] modeled the effect of entrained air
bubbles in the lubricant in squeeze film dampers and found that the entrained air reduces
the load capacity of the fluid while increasing vibration, though it must be noted that the

fluid flow in squeeze film dampers is quite different from that in journal bearings.
1.1.4 Summary

An overview of conventional lubricants, rotating machinery environments, the effects
of lubricant properties on bearing performance has been provided, highlighting the
limitations of conventional lubrication technologies. Performance gains have been shown
to be achieved by changing lubricants out with fluids having superior properties,
modifying the design of the bearing system, or by considering the use of alternative
bearing technologies, though many of these techniques are typically limited by design
considerations, cost, and a lack of adaptability in dynamic operating conditions. Other

fluid mixtures have also been proposed as better performing alternatives to conventional
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fluids, though these are also limited in terms of control and overall performance. The
known properties of mixtures of synthetic lubricants and carbon dioxide have been
described, though many gaps in the literature still remain on this topic prior to this work,
including the thermal properties of these mixtures as well as data on how these mixtures
form. Information on the bearing and rotordynamic performance of these mixtures has
also previously been unknown, as well as their implications for bearing cavity and seal
design. The following sections outline the important need for an alternative, tunable

lubricant technology as well as the technology proposed and studied in this work.

1.2 Problem Statement

Lubricants are needed for the proper function of most rotating machinery and greatly
enhance the efficiency and reliability of a device when deployed correctly [44]. But
lubricants also introduce inefficiencies of their own. In many high-speed rotating
machines, the shear of the lubricant can create an appreciable loss of power in the system
[13]. Some rotating machines are more susceptible to higher power losses and operating
temperatures than others. These machines tend to have higher rotating velocities, shaft
diameters, and bearing clearances [45]. Collectively, these parameters lead to higher
surface speeds and thicker fluid films in parts of the bearing. This will result in
significant amounts of lubricant shear and Reynolds numbers that can reach levels
indicative of turbulent flow (Figure 1.4) which then causes power loss to increase at an
even greater rate with speed [46, 47]. Consequently, machines with large rotors and high
rotational speeds such as steam turbines, gas turbines, generators, and centrifugal

compressors are ideal candidates for improving bearing efficiency because they are most
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directly affected by these losses. They also tend to be supported by many (e.g., 8-10)

bearings, which multiplies this effect.
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Figure 1.4. Power losses increase drastically as the flow regime transitions from laminar
to turbulent flow. Adapted from [47].

1.3 Technology Concept

Gas-expanded lubricants (GELs) have been proposed as tunable lubricants with
properties that can be adjusted in real time to increase efficiency, reliability, and control
in rotating machines (Figure 1.5). GELs are binary mixtures of synthetic lubricant and
dissolved carbon dioxide with properties that can be adjusted by changing the relative
composition of the mixture [36]. The composition can be adjusted by setting the system
pressure or by adjusting the flow rate of the two mixture components, which in turn will
specify a unique composition with bulk mechanical and thermal characteristics.

Preliminary work had suggested that significant power loss reductions in a tilting-pad
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journal bearing were possible using these mixtures when compared to conventional
petroleum-based lubricants in a flooded lubrication bearing. GELs are made using
synthetic lubricants because their chemistry is more homogeneous than conventional
petroleum and the properties of the mixture can be more easily predicted. This has the
added advantage of enhancing the thermal characteristics of the fluid since synthetic
lubricants tend to have a higher viscosity index and thermal conductivity. As a result, the
pad temperatures in GEL systems are predicted to be lower while several other important
process parameters such as lubricant film thickness and eccentricity can be maintained
within acceptable ranges. As lubricant properties also directly affect the stiffness and
damping forces being applied to the machine rotor, GELs stand to also provide a degree
of control over the rotordynamics of high-speed rotating machines, allowing operators to
maximize rotor stability during startup and shutdown and minimize excessive vibrations

that can lead to catastrophic machine failures.

60 - 10
.9
50 -8
P
o TS
© o
340 762
> 5 @
.(7) 3
S 30 ,45
S 5
20 -~ -2
\~~~71
10 ‘ v ‘ 0
0 0.1 0.2 0.3 0.4

Mass Fraction CO,

Figure 1.5. Gas-expanded lubricants provide real-time control over lubricant viscosity.
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1.4 Research Objectives, Scope, and Overview of Dissertation

The objective of this research is to study gas-expanded lubricants in terms of their
properties, performance, and design implications in the context of high-speed rotating
machinery. The properties of these fluids will be well-characterized to build upon
existing knowledge in the literature. A number of important lubricant properties will be
analyzed including mixture viscosity, diffusivity, thermal conductivity, and thermo-
oxidative stability.

This information will then serve as inputs to a number of bearing and rotordynamic
performance models for predicting their performance as it compares to that of more
commonly used lubricants. Mixture phase behavior will be considered in a tilting pad
journal bearing to investigate the potential for bearing cavitation. The influence of
laminar vs. turbulent flow in GEL-lubricated bearings will also be considered. Lubricant
performance will be evaluated for a wide range of bearing operating speed and loading
conditions with performance metrics including power loss, pressure and temperature
profiles, minimum film thickness, journal eccentricity, and stiffness and damping
coefficients. Lubricant effects on machine rotordynamics will also be analyzed for a
number of representative case studies, with critical speeds, mode shapes, mode stability,
and rotor displacements considered as performance metrics. The transient control of
machine rotordynamics will also be studied along with the use of GELs in mitigating
harmful vibration.

Finally, as gas-expanded lubricants require elevated pressures in lubricated
components, the design of GEL-compatible systems will be discussed and explored in the

context of the design of two GEL test rigs. The first will explore GEL-lubricated bearings
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and the design of high-pressure bearing housings. The design and assembly of a GEL
supply system will also be discussed. The second test rig will explore the design and
assembly of high-pressure seals for containing these fluids in high-pressure, high-speed
rotary environments. Other important considerations including machine operation,
system-level efficiency, and machine rotordynamics will also be discussed in the context
of these designs as these considerations will be vital to the successful implementation of
the GEL technology in modern day machines.

Following this introductory chapter, Chapter 2 will present the results of work
performed to characterize the properties of GELs, with bearing performance and fluid
phase behavior also being considered. Chapter 3 will extend the analysis of GEL
performance to larger, more heavily loaded bearings from real machine designs while
also considering the effects of lubricant properties on the rotordynamic performance of
the machines considered. The transient control and analysis of machine rotordynamics
will also be discussed in this chapter. Chapter 4 will explore the use of GELS in
minimizing vibration to improve or remove rub impact conditions in a three-disk rotor-
bearing system. The design and assembly of a GEL bearing test rig and a GEL seal test
rig will be discussed in Chapters 5 and 6, respectively. Finally, Chapter 7 will provide
conclusions and recommendations for future work studying GEL performance and further

developing the technology for both academic exploration and commercial use.
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Chapter 2

Properties and Performance of Gas-
Expanded Lubricants in Tilting Pad Journal

Bearings

2.1 Introduction

In this work, experimental results of GEL viscosity, gas diffusivity, thermo-oxidative
stability, and thermal conductivity were combined with high-pressure phase equilibrium
data to understand how these mixtures will behave in tilting-pad journal bearings under a
range of industry-relevant high-speed conditions. Simulations were carried out using the
experimental data as inputs to a thermoelastohydrodynamic model of tilting-pad journal
bearing performance. Phase behavior within the bearing was also simulated using
pressure-temperature distributions and an empirical GEL solubility model.

As described in Chapter 1, lubricant cavitation has the potential to produce an

erosive, damaging effect in bearings, depending on the type of cavitation occurring. This

*QOriginally published by STLE. See reference [79].
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work tests the hypothesis that GELs will not exhibit significant cavitation in journal
bearings using a combination of experimental and modeling tools. The results of this
analysis help establish the feasibility of using GELs over a range of operating conditions
and GEL properties to understand how the technology could be deployed. The
relationship between carbon dioxide composition in the GEL and viscosity is reported for
a library of representative lubricants and the power loss from using these lubricants in a
bearing is reported. The thermodynamic and thermochemical properties of GELs are also

studied and incorporated into the modeling effort.

2.2 Experimental Methods

2.2.1 Diffusivity

The diffusion of carbon dioxide into various fluids [48-60] and the diffusion of
refrigerants into lubricant oils [40, 61-64] are described in the literature. Despite this
effort, the diffusion of carbon dioxide into synthetic oils had yet to be reported. Hence,
CO; diffusivity into a group of representative lubricants was measured using a modified
pressure-decay method developed by Hou and Baltus [57]. Lubricant was added
gravimetrically to a pressure vessel of known volume and dimensions. The vessel was
sealed, placed into a 25°C water bath, and pressurized with 30 psi of CO,. The vessel was
then thermally isolated and the pressure was recorded using a pressure transducer
(Omega Engineering PX41). The CO, diffused into the lubricant until an equilibrium
pressure was achieved. The time to reach equilibrium ranged between 20 hours to 7 days,
depending on the molecular weight of the fluid. Each pressure curve could then be fit by

non-linear regression to Equation (2.1), derived from Fick’s Law for one-dimensional
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diffusion, Henry’s Law, and a mole balance of the gas column above the fluid film. The

full derivation of Equation (2.1) can be found in [57].
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The regression resulted in outputs of diffusion coefficients, Dag (cm?/s), and Henry’s
Constants, H (bar). As Henry’s Law is only appropriate for predicted solute mole
fractions at very low concentrations, this parameter could be used for method verification
purposes but is generally less important when considering higher concentration lubricant-
CO; mixtures. The diffusion coefficients do provide some insight into how gas-expanded
lubricants form, how the two components separate, and what physical mechanisms are
the primary drivers of this process.

The accuracy of this method was verified by measuring the Henry’s constant for a
mixture of carbon dioxide and n-dodecane. Henry’s constants for this mixture were
published by Henni and coworkers [65], with an empirical equation developed for
predicting the values at any temperature. At 25°C this value was calculated to be 79.36
bar, within 3.3% of our experimentally measured value of 76.72 bar. Two replicates were
measured for each lubricant, with the cutoff time for the data used in the regression

established by the shorter of the two replicates.
2.2.2 Viscosity

The viscosity of the pure lubricants and GELs was measured using an Anton Paar

MCR 301 rheometer equipped with a high-pressure cell rated to 15 MPa. The CO, was
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delivered to the pressure cell using a Teledyne ISCO 500HP syringe pump with a
constant-temperature jacket. The temperature jacket ensured the delivery of liquid CO,,
allowing for the calculation of the CO, mass fraction via volumetric measurements and
mass balance calculations. The temperature of each sample was controlled to within
+0.1°C using a Peltier style temperature controller integrated into the rheometer. All
measurements were performed at 40°C and 100°C which represent a typical operating

temperature range in bearing and gearbox environments.
2.2.3 Thermo-oxidative Stability

The thermo-oxidative stability of the pure lubricants and GELs was also evaluated,
using viscosity as an indicator of degradation, by monitoring the viscosity of the
lubricants subjected to high temperatures and pressures over six weeks. The synthetic
lubricant base stocks tested contained no antioxidants and were susceptible to thermo-
oxidative breakdown under the conditions tested here. The petroleum oil benchmark used
in this study did contain phenolic antioxidants but since this is an industry standard for
these applications, it was appropriate to benchmark its performance to the synthetic fluids
selected. Our analysis represents a conservative analysis of the potential of synthetic
lubricants in GELs. The use of viscosity as an indicator of oxidative stability has been
used in the past by other researchers to analyze the oxidative stability of various fluids,
including lubricants, often in conjunction with one or more other metrics of oxidation
such as Total Acid Number (TAN) or Oxidation Induction Time (OID) [66-69]. Methods
that utilize these metrics, including Differential Scanning Calorimetry (DSC) [66-68, 70],
Total Acid Number [66, 69, 70], and the Rotary Bomb Oxidation Test (RBOT) [68, 70]

were also considered but were found to be challenging to apply to a pressurized CO,
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environment since these methods typically require the use of pressurized oxygen
atmospheres (RBOT), oxygen flows (DSC), or reagents that could react with the carbon
dioxide (TAN). Two replicates each of pure lubricant and GEL pressurized to 2.76 MPa
were loaded into sealed pressure vessels and placed into an oven at 100°C. Each week the
samples were cooled to room temperature and the CO, was removed from the GELs by
depressurization and a vacuum pump. Samples were then measured for viscosity at 40°C

before being pressurized and placed back into the oven.
2.2.4 Thermal Conductivity

The thermal conductivity of three representative GEL chemistries was measured
using a Decagon KD2 Pro equipped with a KS-1 sensor for measuring the thermal
conductivity of liquids. All measurements were performed at room temperature in a
thermally stable laboratory to minimize any error in the measurement associated with

convection.
2.2.5 Test Lubricants

Seven lubricant base stocks representing three of the most common synthetic
lubricant chemistry classes were analyzed to calculate a CO, diffusion coefficient and
Henry’s Constant. The lubricants included here are: three polyalkylene glycols (PAGS)
(Dow Chemical Company, Midland, M), three polyalpha olefins (PAOs) (Chemtura and
ExxonMobil Chemical, Fords, NJ and Houston, TX), and one polyol ester (POE)
(Chemtura, Fords, NJ). These three synthetic oil types are widely used in bearing and
gearbox applications. The lubricant selection within each class was based on viscosity
grade and molecular structure. A total of eleven lubricants were evaluated for viscosity,

diffusivity, thermal conductivity, and thermal stability as pure fluids and as GELS.
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The lubricant used for modeling GEL phase behavior in a tilting pad journal bearing
was a POE because POEs are known to be highly compatible with CO, and because
extensive literature data is available detailing the high pressure fluid phase behavior of
POE/CO, mixtures. A combination of experimental and published parameters was used
as inputs to the model. Viscosity and carbon dioxide solubility data were obtained from
Hauk [32] for a POE 3. The effect of dissolved carbon dioxide on the viscosity of the
GEL was measured experimentally and the results were fit using a modified Grunberg
and Nissan Equation, which has been used before to accurately predict the viscosity of
these mixtures [71].

In 24y =My In gy, + M, In g2, + mm,d (2.2)

The density was obtained from the manufacturer of a POE 2926 lubricant. Hauk [32]
had previously reported that the effect of dissolved carbon dioxide on mixture density
was minor. The properties of the POE 3 and the POE 2926 were considered together and
found to be consistent since both had similar chemistry and viscosities. The specific heat
of the pure lubricant was estimated from values reported by Totten and coworkers [72]
for a polyol ester. Again here, the effects of temperature and pressure on pure lubricant
thermal properties were assumed to be negligible for the ranges considered in this study
as demonstrated in [73]. The Jensen Equation [74] was used to calculate the specific heat

of the lubricant-carbon dioxide mixture.

Ch. =Meo,Cr, +(1-mgq JCp (2.3)
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2.3 Modeling Framework

2.3.1 Solubility of Carbon Dioxide in Lubricant

The solubility of carbon dioxide in POE was calculated as a function of temperature
and pressure conditions using a set of empirical isotherms developed from experimental
phase behavior collected by Hauk [32]. This approach for modeling high pressure phase
behavior, shown in Equation (2.4), was used by Jeng and coworkers [75] and Youbi-
Idrissi and coworkers [34] to describe the behavior of high pressure and temperature
mixtures of synthetic oil and refrigerants including carbon dioxide.

P =am+a,mT +am’+a,m’T +am’T> (2.4)

The fit was performed using a nonlinear regression in the MATLAB Surface Fitting
Toolbox. The empirical coefficients calculated by the regression are given in Table 2.1.
Figure 2.1 illustrates that the solubility model matches the experimental data well for the
temperatures and mass fractions of carbon dioxide expected in a GEL-lubricated bearing.
The average relative error between the experimental data and their fit is 1.2%. GELs do
not easily form at CO, mass fractions much higher than 20% because the pressure
required to maintain an equilibrium mixture at that composition is very high, especially at
higher temperatures. Since the model only needed to cover the mass fraction range from
0-20%, this approach was more computationally efficient than using an equation of state
while maintaining comparable accuracy. These phase behavior data were then used to
specify other bearing model inputs including supply pressure, GEL viscosity, and specific

heat.
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Table 2.1. Empirical coefficients for Equation (2.4).
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Figure 2.1. High-pressure fluid-phase stability curves for POE and carbon dioxide. GELs
form above the isotherms; below them multiple phases exist. Experimental data are from

Hauk [32] and model results are from this work.

2.3.2 Thermoelastohydrodynamic Bearing Model
The bearing model employed in this study is a well-established TEHD analysis [76-

78] that has also been previously used to model GEL performance in tilting pad journal
bearings [31, 36, 79]. The model is based on the two-dimensional forms of the
generalized Reynolds and energy equations, which enable the study of lubricant viscosity
and its effects on operating temperature, power loss, eccentricity, and stiffness and

damping behavior. The effectiveness of this model has been demonstrated and paired
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with experimental data from Taniguchi and coworkers [80]. Key assumptions made with
this approach include a constant pressure profile across the film thickness, no slip
conditions at surfaces, negligible inertia effects, constant lubricant densities, and fully
flooded bearings with 80% hot oil carry over between pads. Instantaneous mixing of the
lubricant locally is also assumed. This assumption is reasonable due to the large amount
of shear taking place in the bearing. Lastly, the thermal expansion term in the energy
equation is assumed to be negligible. Due to the small change in pressure per node, the
resulting compressive heating and cooling term is found to be multiple orders of
magnitude smaller than the conduction and convection terms. The generalized Reynolds
equation allows for the variation of the viscosity across the film as well as for the
presence of turbulence. The effect of turbulent stress is combined with the eddy viscosity
law (em) to express the viscosity as an effective viscosity (pe) in the Reynolds equation

[81, 82].

h (o y,2) = (1 +p) (25)

Local Reynolds numbers are used to determine the flow regime around the bearing,
with values below 500 and above 1000, respectively, being considered for laminar and
turbulent flow. A scaling factor () modifies the eddy viscosity for the transitional region
between these values. Power loss is calculated using Petroff’s equation for concentric
cylinders [83], though the concentric assumption is dropped to take journal eccentricity
into account. Petroff’s equation highlights the direct relationship between power loss and

fluid shear, which is a direct function of the fluid viscosity.

Ploss = IV fOL foznr(ﬂ, z)d0dz (2.6)
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This analysis produced full stiffness and damping coefficients for the bearings that
are whirl-frequency independent but that consider small perturbations of the shaft
position by solving the perturbed Reynolds equation. The bearing analysis code may also
synchronously reduce the full coefficients to each shaft rotational speed which produces
sets of 8 bearing coefficients for each speed. This allowed the model to be used to
simulate the speed-dependent characteristics of the fluid film bearings and how they

interact with the entire rotor structure.

2.4 Results and Discussion

2.4.1 Gas-Expanded Lubricant Properties

The diffusion of CO, into seven representative lubricants was measured and the
results are presented in Figure 2.2. Gas diffusion into lubricants has been shown to
correlate well with molecular weight, which is typically proportional to the viscosity in
synthetic lubricants. Diffusion has been shown in the past to be a function of solvent
viscosity for a variety of fluids including ionic liquids, organic solvents, aqueous
solutions, and oils [60, 84]. This relationship holds for the GELs evaluated here with a
log-linear relationship between viscosity and CO, diffusivity observed. The slope of the
relationship between viscosity and diffusivity (-0.535) is highly consistent with values
reported by Moganty and Baltus [60] for other fluids (-0.66 to -0.44). For the lubricants
measured here, the diffusion coefficients decrease by an order of magnitude between the
lowest and highest viscosity lubricants. From a practical standpoint, these data are
important in the design of GEL systems because they will drive the design of gas-liquid

exchangers and determine the residence times needed to cycle the lubricants through and
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either add or remove gas, depending on the stage in the cycle. As diffusion and low-
concentration solubility information is also relevant for the refrigeration industry, Table
2.2 presents both the diffusion coefficients and Henry’s Constants for all of the lubricants

analyzed.
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Figure 2.2. Diffusion coefficients as a function of lubricant viscosity. The fitted line has a

slope of -0.535, a relationship found comparable to others reported [60].

Table 2.2. Diffusion coefficients and Henry’s Constants for lubricant-CO, mixtures.

Lubricant p,o (mPass)  Djg (cm?/s) H(MPa)

PAG 1 18.9 3.87E-05 2.053
PAG 2 53.9 2.07E-05 1.103
PAG 3 59.2 1.82E-05 1.165
PAO 1 39.6 2.11E-05 3.188
PAO 2 323.6 8.35E-06 0.839
PAO 3 1044.2 3.76E-06 0.377

POE 1 53.0 1.47E-05 1.657
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The viscosity-mass fraction relationship of GELs for three representative lubricants is
shown in Figure 2.3 for compositions up to 20% CO,. The experimental data was fit
using the modified Grunberg and Nissan equation. As discussed by Clarens and
coworkers [36], these fluids also exhibit Newtonian behavior for a wide range of shear
rates, thus validating the Newtonian fluid behavior assumption in the TEHD model used
in this work. These results suggest that the viscosity properties of GELSs can be specified
using pressure for a range of lubricant chemistries. These data would be used in a
controller designed to specify the GEL properties in response to some external signal.
These signals would include parameters such as operating temperature and loading,
depending on the application. The controller would then modify the CO, flow rate in the
lubricant stream and the pressure inside of the lubricated component to change the
viscosity of the fluid to a more optimal value. This change (and subsequent
thermodynamic equilibrium) in the system would be achieved relatively quickly
compared to experimental diffusion times as the high shear rates encountered in these

components would allow for rapid mixing of the lubricant and carbon dioxide.
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Figure 2.3. GEL viscosity as a function of mixture composition at (a) 40°C and (b)
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The thermo-oxidative stability of pure lubricants and GELs, shown in Figure 2.4, was
found to be unchanged by the addition of carbon dioxide to the lubricant. In all cases only
mild fluctuations in viscosity were found, typically within the margin of error. Visually,
all of the synthetic lubricant and synthetic-based GELs remained clear at the end of the
six-week period. The petroleum-based 1SO VG 68, however, became black as the
lubricant began forming higher molecular weight species despite the fact that it contained
phenolic antioxidants. This behavior is typical of petroleum-based lubricants as they
degrade more quickly than synthetic lubricants. Future studies might explore the impact
of higher temperatures or longer contact times as well as other mechanistic connections
using modified DSC or TAN methods that are compatible with pressurized carbon

dioxide environments.
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Figure 2.4. Thermo-oxidation of lubricant-CO, mixtures does not appear to influence the

long-term stability of the lubricants compared to lubricants alone.
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2.4.2 Bearing Performance

The performance of pure POE and a GEL containing POE and 20% mass fraction
CO; was modeled using the TEHD finite element code [76] for a range of speeds from
200 to 20,000 rpm. Model inputs are summarized in Table 2.3. Pressure and temperature
distributions are shown in Figures 2.5 and 2.6 for the loaded Pad #4 of the bearing for
low- and high-speed cases, respectively. For the low-speed case, both lubricants show
little change in temperature as the fluid passes through the loaded region. As expected,
the pressure increases by about 0.5 MPa as the fluid passes through the region of high
loading and then drops rapidly as the fluid expands and exits this support region beneath
the shaft, returning to the supply pressure. This pressure spike is enhanced at higher
speeds, shown in the lower panels, with an overall change in pressure of over 7 MPa with
the pure POE and 5 MPa with the GEL. Both lubricants exhibit higher operating
temperatures under high-speed conditions, with the temperature increasing by
approximately 20 °C across the length of the pad. In this case, the GEL produces lower
operating temperatures than the pure POE by approximately 6 to 10 °C. This has
important implications for long-term bearing performance as lower operating
temperatures are commonly associated with lower rates of wear and increased component

longevity.
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Table 2.3. Bearing model inputs used in this work.

Parameter Value Unit
Bearing diameter 3.81 cm
Pad thickness 1.52 cm
Length 2.54 cm
Clearance 0.03 mm
Bearing Preload 0.5

Pivot Offset 0.5
Configuration Load On Pad

No. of pads 5

Oil supply temperature 40 °C
Oil supply rate 1 gpm
Radial load 111.2 N

Pad thermal conductivity 50.09 W/mK
Convection coefficient 73.6 W/m2 K
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Figure 2.5. Pressure (solid lines) and temperature (dashed lines) distributions on the
loaded pad #4 of the tilting pad journal bearing. Profiles are shown for (a) POE and (b)
the POE-based GEL at 200 rpm.
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Figure 2.6. Pressure (solid lines) and temperature (dashed lines) distributions on the
loaded pad #4 of the tilting pad journal bearing. Profiles are shown for (a) POE and (b)
the POE-based GEL at 20,000 rpm.
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To evaluate the likelihood that a bearing operated using GELs would not produce a
multi-phase fluid film, the pressure and temperature distributions from the analysis above
were substituted into the Jensen solubility model to determine the composition of the
GEL as a function of position in the fluid film. This approach assumes a uniform
distribution of carbon dioxide in the bearing due to mixing, as well as thermodynamic
equilibrium in the form of instantaneous mixing at all locations within the bearing. Figure
2.7 illustrates how the solubility of carbon dioxide in the GEL changes as a function of
position for the low and high-speed cases. For the low speed case, the pressure spikes but
never falls below the supply pressure at constant temperature, therefore the CO,
solubility remains constant through the region of support because mass transfer is
limiting carbon dioxide dissolution into the lubricant.

The high-speed case presents a more relevant discussion on the solubility of the GEL
and the operational considerations involved in the local phase behavior. High-speed
systems are more likely to adopt GELs because of the greater overall energy savings. As
with the low speed case, an increase in pressure is observed through the loaded region on
Pad #4. There is considerably more heat in this system and the operating temperatures
across the pad begin at values above the supply temperature and increase across the
length of the pad. CO, solubility increases with the pressure build up on the pad but
because of the higher temperature the overall value is low and it drops to its lowest value

at the end of the pad.
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Figure 2.7. GEL composition in the fluid film region along pad #4 of the tilting pad
journal bearing at (a) 200 rpm and (b) 20,000 rpm.



S7

In a bearing operated as in the low speed case, these conditions could result in multi-
phase flow through the region of support because not all of the carbon dioxide would be
dissolved into the lubricant locally. This behavior is commonly avoided by adjusting the
CO; flow rate or by modifying the operating pressure. This would effectively control the
mixture such that the amount of carbon dioxide delivered to the bearing would only be
enough to reach the solubility point of the minimum pressure and maximum temperature
conditions, eliminating the solubility spike and subsequent drop as the fluid exits the
region of support. Since changes to these operating inputs would have a direct effect on
the temperature of the bearing, any adjustments to the system would be performed in a
stepwise fashion to enhance the control over the mixture properties. Maintaining proper
film thickness would remain an important consideration in these operational decisions as
well.

In an effort to avoid localized phase separation and cavitation, additional simulations
were conducted to understand the operating conditions that could produce pressure drops
below the ambient supply pressure. A second low speed case was performed using twice
the previously used radial clearance in the bearing. For both the pure POE and GEL, the
pressure and temperature distributions appeared similar to those in Figure 2.5, with the
only exception being a slight drop (< 0.1 MPa) below the ambient pressure in the
divergent region of the fluid film. These results indicate that even though localized phase
separation is possible under certain sets of operating conditions, this separation does not
occur in the critical region of load support and is no more likely to be detrimental to the

bearing than a standard lubrication environment.
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These results suggest that cavitation in GELs would not be any more acute than in
conventionally lubricated bearings, but the effects of this phase behavior on power loss
were also of interest. The power loss estimates are presented in Figure 2.8 for a range of
shaft speeds. Reductions of 14 - 46% are possible though the highest values here (e.g.,
46% reduction) are for low speed conditions. Over the entire range of speeds measured
here, reductions around 20-25% were the average. These results confirm that significant
power loss reductions can be expected for a variety of gas-expanded lubricant

formulations when compared to both petroleum-based lubricants and synthetics alone.
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Figure 2.8. Power loss as a function of speed.

Ensuring proper rotordynamic performance is another key element in the
implementation of the GEL technology. One important performance measure is the

eccentricity ratio of the rotor being supported by the bearing. Figure 2.9 shows the
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eccentricity ratio for both the pure POE and GEL cases. Synchronously reduced stiffness
and damping coefficients, shown in Figure 2.10, are significantly lower when the bearing
is operated using a GEL. There are competing effects with this change in equivalent
stiffness and damping values. While the damping coefficients are reduced, the
corresponding reduction in stiffness coefficients can result in greater effective damping
of the unbalance response due to increased rotor motion at the bearings [14]. However,
this effect is specific to the supported rotor. These bearing results indicate, however, that
the bearing could be suitable for support of a flexible rotor while also increasing the
energy efficiency of the bearing in cases where the specific rotordynamic characteristics,
e.g., the shaft loading, are favorable. Chapter 3 will address the effect of the GEL

lubricant on the natural frequencies, unbalance response, and stability of a flexible rotor.
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Figure 2.9. Journal eccentricity ratio as a function of speed.
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Figure 2.10. Synchronously reduced stiffness and damping coefficients as a function of

speed.
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Minimum film thickness, another key parameter of bearing performance directly
related to eccentricity ratio, is reported in Figure 2.11 for the two lubricant cases. The
GEL-lubricated scenarios result in adequate film thickness except at very low speeds
(e.g., < 200 rpm), where the film thickness is just below the typical minimum threshold
of 10° m [85]. It is unlikely that a bearing operating under these conditions would use a
GEL with a high mass fraction of CO,. For speeds above 4,000 rpm the GEL actually
provides for a thicker lubricant film than conventionally lubricated bearings, providing

the benefits of better load support as well as greater bearing efficiency.
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Figure 2.11. Minimum film thickness as a function of speed.

2.5 Conclusions

The formation of gas-expanded lubricants was analyzed using experimental and
modeling techniques of high-pressure phase behavior and bearing performance to

understand the benefits and potential challenges associated with deploying this
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technology. The diffusion of carbon dioxide into synthetic lubricants was found to be a
function of the lubricant viscosity as previously demonstrated for other gas-liquid
mixtures while the viscosity effects of introducing CO, were highly consistent across a
range of lubricant classes. GEL viscosity for a variety of base lubricants of all viscosity
grades was shown to be dependent on the mass fraction of the carbon dioxide present in
the system.

The TEHD modeling results suggest that in spite of the higher pressures inside the
bearing, any pressure drop experienced during GEL lubrication will be comparable to
standard lubricated bearings. Modest levels of phase separation are expected as the fluid
exits the region of support under low speed operating conditions but the CO, and
lubricant are rapidly reintegrated before reaching the end of the bearing pad. Even if the
phase separation persists, this behavior would not be detrimental to the bearing or to the
ability of the fluid to support the bearing load. Furthermore, any thermal expansion is
considered to be negligible, with lower overall operating temperatures also expected in a
GEL lubricated bearing, resulting in lower rates of wear in the bearing and a long-term
cost savings for the user. Other rotordynamic performance parameters, such as
eccentricity and minimum film thickness, are well within the acceptable range for GEL
lubricated bearings, though significant effects on synchronously reduced stiffness and
damping coefficients were found. The improvements in system efficiency are appreciable
and these unique and tunable properties offered by GELs make them a promising

approach for improving the energy efficiency of rotating machinery.
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Chapter 3

Gas-Expanded Lubricant Performance and

Effects on Rotor Stability in Turbomachinery

3.1 Introduction

In this work, the bearing and rotordynamic performance of two representative high-
speed machines was evaluated when different lubricants, including GELs, were supplied
to the machine bearings. While past work by the author has suggested that GELs could
enhance bearing performance when compared to conventional fluids in flooded journal
bearings, these results have given rise to a number of questions that need to be further
evaluated before the technology can be deployed. Chief among these questions is how the
use of a tunable fluid will affect the stability margin in high-speed rotating machines.
GELs have been shown analytically to produce lower stiffness and damping coefficients
in lightly loaded bearings as well as lower coefficients at higher speeds in more heavily
loaded bearings when compared to standard fluids, but it is unclear how these changes in

bearing behavior will affect the overall stability of the machines that these bearings

*QOriginally published by ASME. See reference [116].
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support. In implementing the GEL technology, ensuring that the tunable nature of these
fluids will not negatively impact the rotor stability will be critical. The knowledge related
to the range of rotor behavior that is expected as a function of lubricant composition will
also demonstrate the potential for rotordynamic control over these machines using these
fluids.

While lubricant properties are common inputs to models designed to analyze bearing
performance, there are few studies that have focused primarily on the effects that these
properties have on bearing and rotordynamic performance, and no studies that have
extended that performance analysis to fluid mixtures with unique properties such as
GELs. Glavatskih et al. [10] examined the significance of lubricant thermal properties on
tilting-pad thrust bearing performance and found that replacing an ISO VG 68 mineral oil
with an I1ISO VG 46 ester-based synthetic fluid reduced power loss and operating
temperature while providing a comparable oil film. They also found that viscosity index
had the most significant effect on bearing performance, notable because synthetic fluids
typically have a higher viscosity index relative to petroleum-based lubricants. A later
study by this group [86] confirmed these results, presenting some of the benefits of less
viscous fluids and synthetic fluids over their more viscous counterparts, though both
studies were limited solely to bearing performance. Flack et al. [87] examined the effects
of lubricant viscosity on rotor instability threshold using standard fluids and an
experimental test rig consisting of a three-mass flexible rotor and multiple bearing
designs. They concluded that decreasing the lubricant viscosity via inlet temperature
increases could either increase or decrease the instability threshold, depending on the

lubricant used and the bearing design considered. Singhal [88] also noted this behavior in
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a simple thermohydrodynamic analysis, finding that journal bearing systems could be
stabilized by either heating or cooling the lubricant, depending on the operating region.
Studies on fluid mixtures and other non-conventional lubricants have focused
primarily on multi-phase mixtures and non-Newtonian lubricants. Grando et al. [41]
studied two-phase (liquid-gas) flow in journal bearings, considering the effects of
mixtures of oil and refrigerant on journal bearing behavior and cavitation. They found
that under an equilibrium boundary condition, the gas would dissolve into the fluid in the
rotor support region, resulting in no detrimental effects on bearing performance. Under a
non-equilibrium boundary condition, where two-phase flow is present throughout the
bearing geometry, it was found that under moderate loading conditions the two-phase
fluid film would provide adequate support for the applied load while also reducing
eccentricity and friction due to the compressibility of the gas. Roach and Goodwin [89]
studied vibration control experimentally using aerated lubricants on a journal bearing test
rig. Their results showed that stability can be increased by these lubricants due to reduced
bearing stiffness. This may not necessarily be the result for all machines, though, as
demonstrated by an analysis performed by Younan et al. [43], which showed air
entrainment in squeeze film dampers resulted in increased vibration and reduced load
capacity. Samantaray et al. [90] investigated the effect of two-phase (liquid-solid)
lubricants on bearing stability and found that these fluids have the potential to provide
stabilizing, spring-like forces in journal bearings to control whirl orbit size. A number of
studies have also been published evaluating the effects of non-Newtonian, viscoelastic
lubricants on bearing stability [91, 92], load capacity [93], and minimum film thickness

[94].



66

The goal of this study is to begin answering the critical questions surrounding the
overall effects of the GEL technology on rotating machines by analyzing these effects in
two representative case studies. The case studies will be presented by first modeling
bearing behavior under varying lubrication conditions, comparing standard petroleum-
based lubricants with polyol ester (POE) synthetic oils and POE-based GELSs. Stiffness
and damping coefficients predicted from this analysis will then serve as inputs to
rotordynamic finite element models for predicting the rotordynamic behavior of the two
machines studied: an eight-stage gas reinjection centrifugal compressor and a four-rotor
steam turbine-generator system. These machines are promising candidates for the GEL
technology and represent a wide range of speed and loading conditions, many of which
that have not yet been analyzed for GEL performance. The results of these case studies
will be discussed along with operational considerations and the potential effects of GEL

bearing seals on system performance.

3.2 Modeling Framework

The modeling approach used in this study consisted of a two-step process of
analyzing bearing performance and its subsequent effects on machine rotordynamic
performance. The first step involved modeling the behavior of the bearings, considering a
number of bearing performance metrics including power loss, minimum film thickness,
eccentricity, and stiffness and damping coefficients. The TEHD finite element model
described in section 2.3.2 was used to perform this step of the analysis. Stiffness and
damping coefficients were calculated and were then used as inputs, in the second step, to

finite element models for determining the rotordynamic behavior of the two machines
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considered, allowing for an analysis of the potential effects of different lubrication

scenarios on rotor unbalance response and stability.
3.2.1 Fluids Analyzed

The lubricants analyzed for their effects on bearing-rotor system behavior were a
standard ISO VG 32 petroleum-based lubricant, an ISO VG 46 petroleum-based
lubricant, two polyol esters (POE), and POE-based GELs. Polyol esters are known to be
highly compatible with CO2, and experimental data is available in the literature detailing
the high pressure fluid phase behavior of POE/CO2 mixtures [32]. Lubricants with
viscosities comparable to those of an ISO VG 32 grade were modeled in all bearings
except for the gearbox bearings in the turbine- generator system, where lubricants near an
ISO VG 46 grade are more commonly used. A combination of experimental and
published parameters were used as inputs to the bearing model (Table 3.1). Carbon
dioxide solubility data was obtained from Hauk [32] for the GELs. Viscosity data was
provided by the lubricant manufacturers and was entered into the bearing model at 40°C
and 100°C isotherms. This data was then fit to the Vogel equation to calculate the

lubricant viscosity at any temperature locally within the bearing.
H= p—refeB(T_Tref) (3.1)

In(2)

where B = —'-
T,—T,

The effect of dissolved carbon dioxide on the viscosity of the GELs was measured

experimentally with an Anton Paar rheometer as described in [79]. The results were fit

using a modified Grunberg and Nissan model, Equation (3.2), which has been used

before to accurately predict the viscosity of these mixtures [71]:
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Inpyix = mylnpy + mylnp, + mym,d (3.2)

Table 3.1. Fluid property inputs to the TEHD model.

Fluid Property Density Specific Heat Thermal Conductivity Viscosity 40°C Viscosity 100°C Supply Pressure
Units kg/m® Jig-K W/m-K mPa-s mPa-s MPa

1SO VG 32 855 1.95 0.150 28.5 4.7 *0.1-0.2
POE 2938 945 2.30 0.164 19.0 4.4 *0.1-0.2
80% POE 2938 + 20% CO, 945 2.19 0.164 10.5 3.7 5.8

I1SO VG 46 855 1.95 0.150 393 5.7 *0.1-0.2
POE 2926 1002 2.30 0.168 53.1 8.8 *0.1-0.2
80% POE 2926 + 20% CO, 1002 2.19 0.168 322 7.4 5.8

*The supply pressure of the ISO and pure POE lubricants was 0.1 M Pa for the compressor and 0.2 M Pa for the turbine-generator system.

The POE thermal conductivity was measured using a Decagon KD2 Pro thermal
conductivity meter equipped with a KS-1 sensor for measuring the thermal conductivity
of liquids. The density was obtained from the manufacturer of POE 2938 and POE 2926
lubricants (Chemtura, Fords, NJ). The effect of dissolved carbon dioxide on thermal
conductivity was found to be negligible [79] and Hauk [32] had previously reported that
the effect on density was minor. The properties of the POEs from Hauk [32] and the
manufacturer-supplied POEs were considered together and found to be consistent since
both had similar chemistry and phase behavior. The specific heat of the pure POE was
estimated from values reported by Totten et al. [72] for a polyol ester. The effects of
temperature and pressure on pure lubricant thermal properties were assumed to be
negligible for the ranges considered in this study as demonstrated in [73]. The Jensen
model [74], shown in Equation (3.3), was used to calculate the specific heat of the

lubricant-carbon dioxide mixtures.

Chyix = Mco,Cpeo, + (1 = Mco,)Cpy, (3.3)



69

3.2.2 Thermoelastohydrodynamic Bearing Model

Section 2.3.2 provides a detailed description of the TEHD model used for this part of
the study. This analysis produced full stiffness and damping coefficients for the bearings
that are whirl-frequency independent but that consider small perturbations of the shaft
position by solving the perturbed Reynolds equation. These full coefficients were used
for the 8-stage compressor analysis. The bearing analysis code may also synchronously
reduce the full coefficients to each shaft rotational speed which produces sets of 8 bearing
coefficients for each speed. This allowed the model to be used to simulate the speed-
dependent characteristics of the fluid film bearings and how they interact with the entire
rotor structure. The synchronously-reduced bearing coefficients were used in the steam
turbine-generator analysis.

Table 3.2 outlines the inputs to the compressor bearing analysis. Sommerfeld
Numbers for the compressor bearings were 2.4 in the ISO fluid case, 1.7 in the POE case,
and 1.0 in the GEL case at operating speed. These values are driven by the reduction in
shear stress that is achieved in the POE and the GEL cases. Inputs to the TEHD model for
the bearing analyses performed for the turbine-generator system are presented in Table
3.3. Sommerfeld Numbers at operating speed ranged from 0.05-0.13 in the generator
bearings, 1.69-3.12 in the low speed pinion, 0.43-0.70 in the high speed pinion, and 0.25-

0.70 in the turbine bearings.
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Parameter Value Unit
Shaft diameter 127 mm
Rotational speed 6500 rpm
Bearing radial clearance 96.52 um
Pad axial length 63.5 mm
Pad arc length 60 deg
No. of pads 5

Load orientation LBP

Bearing preload 0.15

Pivot offset 0.55

Bearing specific load 513.7 kPa
Oil supply temperature 40 °C
Oil supply rate 45.4 L/min

Table 3.3. Inputs to the TEHD analysis for the turbine-generator system.

Bearing Generator 1 Generator 2 LS Pinion1 LS Pinion2 HS Pinion  Turbinel  Turbine 2
Bearing Type Fixed Geom Fixed Geom Fixed Geom Fixed Geom Fixed Geom Tilting Pad  Tilting Pad
Shaft diameter (mm) 225 250 225 225 140 110 110
Rotational speed (rpm) 1500 1500 1500 1500 10778 10778 10778
Bearing radial clearance (um) 168.66 187.45 116.59 116.59 136.14 104.24 104.24
Pad axial length (mm) 169 200 170 152 130 55 55
Pad arc length (deg) 180 180 158 158 157 76 76
No. of pads 2 2 2 2 2 4 4
Load orientation LOP LOP LOP LOP LOP LBP LBP
Bearing preload 0.00 0.00 0.66 0.66 0.36 0.41 0.41
Pivot offset - - - - - 0.5 0.5
Bearing specific load (kPa) 2576.6 2223.6 395.1 442.0 3579.8 2107.7 1892.6
Oil supply temperature (°C) 40 40 40 40 40 40 40

Oil supply rate (L/min) 40.1 40.1 40.1 45.4 62.5 62.5 62.5
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3.2.3 Finite Element Models of Rotordynamic Performance

Upon processing the performance data from the TEHD bearing model, rotor models
were developed for the machines being studied: an eight-stage gas reinjection compressor
documented in Barrett [95] and a steam turbine-generator system documented in Wagner

[96]. A schematic of the compressor rotor finite element model is shown in Figure 3.1.
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Figure 3.1. Finite element model of the 8-stage compressor.

The compressor rotor is 2.794 m in total length with a bearing span of 2.286 m. This
length is broken down into 34 Timoshenko beam elements in the finite element model,
with the bearings being represented as complex impedances at nodes 4 and 31. The
rotational speed was assumed to be 6,500 rpm. The destabilizing mechanism in this rotor
system is assumed to be a center piston within the compressor. Destabilizing forces are
applied at node 17 to model the effect of the piston on the stability margin. Additional
details of the rotor model, including lumped inertias for the coupling half-weight and the
impellers, can be found in Barrett [95].

The steam turbine-generator system (Figure 3.2) consists of four rotors and eight
bearings of varying size and design, details of which are found in Wagner [96]. The
turbine is connected to the high speed pinion of the gearbox via a flexible coupling. A

low speed pinion in the gearbox is then rigidly connected to the generator. The complete
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system is defined by 146 elements and 147 nodes. The high speed rotors have a rotational
speed of 10,778 rpm and the low speed rotors have an operating speed of 1,500 rpm.
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Figure 3.2. Finite element model of the steam turbine-generator system: a. generator, b.
low-speed pinion, c. high-speed pinion, d. flexible coupling, and e. steam turbine.
Adapted from [96].

The linearized flexible rotor model is represented by the following generalized
equation,
Mii+ (C+ QG)u+ Ku=f (3.4)
containing terms representing the inertia, damping, gyroscopics, and stiffness matrices.
Rotordynamic instability, a result of fluid-structure interactions, friction fits, and other
effects is fundamentally treated as a free-vibration phenomenon [97]. As such, the
stability margin is calculated from the homogenous solution to Equation (3.5), which also
includes the cross-coupled stiffness term written explicitly:
Mii+ (C+ Q®u+ (K+Qu=0 (3.5)

The cross-coupled stiffness coefficient matrix Q is represented by:

o= 5 ¢ 35)



73

The stability of the rotor is determined using the logarithmic decrement of the first

bending critical speed [98]. Damped eigenvalues are obtained in the complex form:
s=ptiwg (3.7)
where p is the damping exponent and wq IS the damped natural frequency. The

logarithmic decrement can then be calculated by:

__ —2mp
lwgl

(3.8)

Though commonly used industry specifications such as APl 617 [99] require a
minimum log decrement of 0.1 to ensure rotordynamic stability in a manner that
considers modeling uncertainty and safety factors, instability was considered to have
taken place at values below 0 in this study. APl 684 [98] notes that this non-dimensional
parameter is a measure of the decay of free vibration, with values greater than 0
indicating a decrease in vibration over time and negative values indicating an increase in
vibration over time (rotordynamic instability). These values, along with the calculation of
other rotordynamic metrics such as the locations of critical speeds as well as the
unbalance response of modes of importance, allowed for a standardized vibration analysis
of how changing the fluid properties could impact the overall performance of the
machine.

The effects of the gear mesh on the rotordynamic system are represented by a 12x12
stiffness matrix that couples the axial, lateral, and torsional vibrations of the low and
high-speed shafts, originally presented by Stringer [100] and further illustrated by Kaplan
et al. [101]. In this analysis, the flexibility of the gear mesh is governed by the stiffness of
the teeth only and the gear bodies are assumed to be rigid. Elastohydrodynamic

lubrication effects at the tooth contact surface are also neglected. The generalized forces
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and displacements acting along the line of action are then resolved into the global
coordinate systems of the low and high-speed shafts. In addition to stiffness
considerations, the gyroscopic terms in the equations of motion must be altered to reflect

that the low and high-speed shafts operate at different rotational velocities.
3.2.4 Transient Finite Element Model of Rotordynamic Performance

To further study the concept of real-time control of bearing and rotor dynamics in
high-speed machinery, a time-transient finite element model was also employed to
analyze the effects of changing lubricant properties over time on the transient
rotordynamic response of the centrifugal compressor. Similar to the steady-state finite
element model used in this study, synchronously reduced bearing coefficients were used
as inputs to a time-transient finite element model of the rotor. The model utilized was a
rotordynamic code described in detail in [102]. With a constant rotating speed Q, the

equation of motion Equation (3.4) is converted to the state space form:
M Offaj, [0 -M quj_[ 0O
0 M] [u] + [K C+ QG] [u] B [F(u. 0, t)] (39

u=[iha=[y Sle=[k o3 hel "= [ruao)

Equation (3.9) then has the general state space matrix form:
AU+BU=F-U=(-A"'B)U +A"'F (3.10)
Using this form, the second-order ordinary differential equation has been converted to
a set of first-order ordinary differential equations that are solved using the explicit fourth-

order Runge-Kutta method.
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3.3 Results and Discussion

3.3.1 8-Stage Centrifugal Compressor

The performance of the centrifugal compressor bearings was modeled at speeds
ranging from 500 to 10,000 rpm for three lubricant cases: ISO VG 32, POE, and a POE-
based GEL. Reynolds numbers for Pad 2 (Figure 3.3) were the highest encountered in the
bearings, with laminar flow being predominant for a majority of speeds in the 1ISO VG 32
and POE cases. Transitional flow was predicted in these fluid cases only at speeds above
the operating speed, whereas it was predicted at speeds above 5,000 rpm in the GEL case.
The power loss in the bearings (Figure 3.4) was found to decrease with the use of the
synthetic fluid and the GEL, with 40% reductions in power loss shown when comparing

the GEL to the petroleum-based fluid at operating speed.
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Figure 3.3. Reynolds numbers for Pad 2 in the compressor bearings.
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Figure 3.4. Compressor bearing power loss as a function of speed.

Operating temperatures were also found to decrease with the use of GELs due to
reduced fluid shear, with fluid film temperatures in the loaded region of the bearing being
reduced by approximately 8-12 °C when comparing the GEL lubricant to the ISO VG 32
lubricant. Reductions in minimum film thickness were also predicted by the model
(Figure 3.5), with 15-36% reductions observed at lower operating speeds, though in all
cases the fluid film was found to remain above the typical minimum threshold of 10 pm
[85]. This behavior is worth noting, however, as reduced film thickness and load capacity
could potentially become a limiting factor with the use of less viscous lubricants such as
GELs, though reduced temperatures in the fluid film region would likely counteract this

effect to a varying extent as well.
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Figure 3.5. Minimum film thickness as a function of speed.

Changes in bearing stiffness and damping behavior due to the use of different
lubricating fluids resulted in small increases in bearing eccentricity when comparing the
synthetic fluid and GEL to ISO VG 32 as shown in Figures 3.6 and 3.7. This range of
possible bearing behavior under varying lubrication scenarios can also result in changes
to the locations of critical speeds, shown in Figure 3.7. However, the expected changes in
the critical speeds are small with the expected variability in bearing stiffness. This has
important implications for operational control of system rotordynamics with GELs as it
may be possible to improve the effective system damping for a given mode. It is,
however, still necessary to check the effects of other components that affect machine
rotordynamics such as seals, which are not modeled here, to more fully understand the

full range of expected system behavior. Transient behavior when changing from one set
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of lubricant properties to another must also be considered when studying this operational

control.
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Figure 3.6. Journal eccentricity ratio as a function of speed.
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Figure 3.7. Critical speed map of the centrifugal compressor.
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Other important measures of rotordynamic performance, including the unbalance
response and stability of the first bending mode, were also analyzed to better understand
the effects of different lubrication scenarios on these parameters. The unbalance response
due to excitation of the first bending mode, shown in Figure 3.8, was not sensitive to
lubricant properties, while the stability margin (Figure 3.9) was improved by the use of
the POE and POE-based GEL. The GEL was found to produce the highest stability
margin for this mode, showing an increase of 43% when compared to the 1ISO VG 32.
This was a result of the reduction of direct stiffness and damping coefficients (Figure
3.10) by approximately 25-30% at higher speeds along with 35-40% reductions in cross-
coupled stiffness when comparing the GEL to the ISO VG 32. The second and third
modes encountered in this system, conical and gyroscopic modes above the operating
speed, respectively, showed similar behavior for the unbalance response. The effect on
the stability, however, was counter to the first bending mode as the GEL produced the
lowest log decrement values for these modes, though it is noted that for all fluid cases the
log decrement values were substantially higher for these modes than the first bending
mode. These results show that the operational flexibility exhibited by the use of tunable
fluids may aid in maximizing the stability of a rotordynamic system while not
significantly impacting the excitation of rotor critical speeds during machine startup and

shutdown.
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As discussed earlier, the transient behavior of the machine must also be considered
when transitioning from one set of fluid properties to another. As such, the transient
rotordynamic code discussed in section 3.2.4 was used to analyze the transient behavior
of the compressor while transitioning between two sets of fluid properties, those of the
GEL and the pure POE lubricant. To do this, the residence time of the fluid in the bearing
was first calculated using the geometric parameters of the bearing and rotor as well as the
lubricant supply rate. This produced a total fluid residence time of 0.35 seconds which
was then split into three transitional phases of 0.117 seconds each. The Grunberg and
Nissan equation (Equation (3.2) without the 3™ empirical term) was used to calculate the
viscosity of the GEL-POE mixtures during these transitional phases. The Jensen model
(Equation (3.3) was used to calculate the specific heat of the GEL-POE mixtures while
the other fluid properties were held constant. The TEHD model used in this study was
used to calculate stiffness and damping coefficients for each of the transitional phases as
well as additional values between them to ensure that the trends observed held throughout
the viscosity range considered. Combined with the bearing coefficients for the pure POE
and GEL lubricants, Figure 3.11 shows the relationship between lubricant viscosity and
direct stiffness and damping. This relationship was found to be highly predictable,
demonstrating a nearly linear relationship between viscosity and these fluid forces. Cross-
coupled stiffness (Figure 3.12) was found to be less predictable overall, though this
relationship could still be reasonably predicted as well with an equation fit to the data

using simple curve fitting techniques.
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Inserting these coefficients at the time intervals discussed above into the transient
rotordynamic code, the transient response of the compressor rotor was evaluated. Figure
3.13 shows the transient response of the rotor x and y displacements at one of the
bearings as the fluid transitions from a GEL to pure POE, then back to a GEL. It can be
seen that when using the same scale for the displacements that the majority of change in
rotor position was found to occur in the y direction, with the maximum difference
between peak displacements found to be 0.0002”, indicating a relatively smooth
transition between the different sets of fluid properties. Mild vibration excitations were
also observed at each transition that coincided with the vibration frequency of the 1%
bending mode, though these were quickly reduced due to system damping. It should also
be noted that if the fluid property shift were modeled more gradually using a transient
bearing model that these excitations would likely be reduced if not eliminated. Similar
rotordynamic behavior was found at both the second bearing node as well as the central
node of the rotor where the unbalance force was applied, with the maximum difference

between peak displacements at this node found to be approximately 0.0003”.
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3.3.2 Steam Turbine-Generator System

The performance of the turbine-generator system was modeled using the same
lubrication scenarios and speeds up to 12,000 rpm in the high-speed section, which
corresponded to a maximum speed of 1,670 rpm in the low-speed section. The efficiency
results for the generator were similar to those of the centrifugal compressor, with 20-23%
reductions in power loss observed when comparing the GEL to the ISO VG 32 at
operating speed. Film temperatures in the loaded regions of the generator bearings were
also reduced by 10-16 °C. The minimum film thickness was found to be reduced by 32-
37% when comparing the GEL to the ISO VG 32, though film thicknesses remained
above the minimum threshold for speeds above 600 rpm. Slight increases in bearing
eccentricity ratio were also predicted with the use of GELs. Direct stiffness was predicted
to be lower in the GEL case at higher operating speeds, though direct damping was found
to be increased for a majority of speed cases.

The gearbox bearings for the low and high-speed pinions deviated in behavior from
the rest of the machine as the differences in fluid properties were unique for these
bearings. While the compressor, turbine, and generator were modeled with an 1ISO VG 32
and a POE/GEL with lower viscosities than the ISO VG 32, the gearbox bearings were
modeled with an ISO VG 46 fluid and a POE with a slightly higher viscosity, though the
GEL viscosity was still lower than both the ISO VG 46 and pure POE. In the low-speed
pinion bearings this resulted in comparable behavior for the three fluid cases, with the
POE and GEL exhibiting slightly higher levels of power loss, thicker lubricant films, and
lower eccentricity ratios at higher speeds when compared to the 1SO VG 46, though the

GEL still produced the lowest film temperatures by approximately 3-9°C when compared
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to the petroleum-based fluid. In all fluid cases the flow regime remained laminar in the
low-speed pinion bearings.

The high-speed section of the turbine-generator system produced the most interesting
results for both the bearing and rotordynamic performance of this machine as the effects
of the flow regime became more apparent. These effects were exhibited in the model
output, such as in the increase in power loss shown at higher speeds in Figure 3.14. The
combination of speed and loading conditions encountered in the high speed pinion
resulted in higher overall levels of power loss when compared to the rest of the machine.
The onset of turbulent flow at approximately 6,000 rpm in the ISO and POE cases and
10,000 rpm in the GEL case further enhanced these losses, resulting in a 30% increase in
power loss when comparing the GEL to the 1ISO VG 46 at running speed, though no
significant impacts on eccentricity, minimum film thickness, or bearing coefficients were
observed due to this change in the flow regime. Another factor contributing to these
results were the significant reductions in operating temperature predicted by the model
for the GEL case, with fluid film temperatures in the loaded region of the bearing
predicted to decrease by 23-30°C when compared to the 1SO VG 46. These drastic
reductions, while perhaps desirable from a bearing reliability standpoint, produced a
counteracting effect on bearing efficiency, with GEL power losses exceeding those of the

other fluids for a majority of the speed cases due to an increased lubricant viscosity.
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Figure 3.14. Power loss as a function of speed in the high-speed pinion bearings.

In the GEL-lubricated bearings, the significantly lower fluid film temperatures also
resulted in a much higher minimum film thickness, shown in Figure 3.15 as being over 3
times thicker at operating speed when comparing the GEL to the ISO VG 46. Bearing
eccentricity was shown to be significantly reduced at higher speeds. Direct stiffness and
damping coefficients were predicted to be higher for a majority of speed cases in the x-

direction but were predicted to be lower in the y-direction.
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The results of the turbine bearing analysis are comparable to the compressor and
generator, though at higher operating speeds the onset of turbulent flow (Figure 3.16)
again offsets what would otherwise have been a significant reduction in power loss in the
GEL case (Figure 3.17) as the other fluid cases remain in the laminar and transitional
flow regimes. Fluid film temperatures were found to be reduced by 8-12°C when
comparing the GEL to the ISO VG 32 at operating speed, with increases in bearing
eccentricity of 18-19% and reductions in film thickness of 19-20% also predicted by the
analysis, though in all fluid cases the film thickness remains above the minimum

threshold for speeds exceeding 2,000 rpm.
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Figure 3.16. Reynolds numbers for Pad 2 in the coupling-end turbine bearing.
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the onset of turbulent flow at 10,000 rpm.

The rotordynamic analysis of the turbine-generator system produced a number of
significant findings. The use of different lubricating fluids exhibited a number of effects
on the rotordynamics of the system, including the speeds at which the modes were
encountered, the mode shapes, the contribution (or lack thereof) of lateral-torsional
coupling to the modes, and of greatest concern, the stability of each mode. Table 3.4
presents a complete list of the lateral, torsional, and coupled modes in both the forward
and backward directions for the system, showing the speeds at which they occur and their
stability listed in terms of log decrement. The damped critical speeds, mode shapes, and
log decrement values between the ISO and POE cases were similar for this rotor-bearing
model. In a majority of cases, however, the GELs produced a smaller log decrement than

the other fluids.
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Table 3.4. Critical speeds and log decrements for the turbine-generator system. Both

forward (F) and backward (B) modes are presented.

ISO Fluid Case POE Fluid Case GEL Fluid Case

Mode Wy Log Dec  Mode Type Wy Log Dec  Mode Type (W Log Dec  Mode Type
1 NA NA NA 115 207.89  Lat-Tors (F) 240 4120.1 Lat (B)
2 513 -0.0002 Tors 513 -0.0002 Tors 513 -0.0011 Tors
3 1081 8.9780 Lat-Tors (F) 1072 9.3465  Lat-Tors (F) 852 2.3567 Lat (F)
4 1200 9.8140 Lat-Tors (F) 1110 10.663  Lat-Tors (F) 889 1.7689 Lat (F)
5 1251 5.4840 Lat-Tors (F) 1306 5.3534  Lat-Tors (F) 849 0.0729  Lat-Tors (F)
6 2038 0.9420 Lat (F) 2024 0.9098 Lat (F) 2452 0.8814 Lat (F)
7 2480 0.2077 Lat (B) 2484 0.1958 Lat (B) 2505 0.1524 Lat (F)
8 4736 0.0001 Tors 4736 0.0001 Tors 4736  -0.00002 Tors
9 5330 0.0006 Tors 5330 0.0006 Tors 5328 0.0001 Tors
10 NA NA NA 5933 9.6410 Lat (F) 5582 3.3351 Lat (F)
11 6130 0.5410 Lat (F) 6110 0.5479 Lat (F) 6261 0.4340 Lat (F)
12 6154 0.5342 Lat (B) 6142 0.5335 Lat (B) 6289 0.441801 Lat (B)
13 6501 1.4890 Lat (F) 6558 1.4701 Lat (F) 6524 1.9396 Lat-Tors (F)
14 7726 9.2000 Lat (F) 7009 9.9956 Lat (F) 7841 4.1438 Lat (F)
15 8218 1.2010 Lat (F) 8188 1.2511 Lat (F) 8627 0.4565 Lat (F)
16 8638 0.1400 Lat (F) 8643 0.1287 Lat (F) 8657 0.0808 Lat (F)
17 11761  0.7340 Lat (F) 12428  0.5122 Lat (F) 12264  1.0857 Lat (F)

The shape and log decrement of different modes changed more drastically than others
for a variety of reasons. The mode shapes are heavily influenced by the bearing stiffness
if there is substantial motion at the bearing sites for that mode. Substantial motion at the
bearing sites also leads to greater effective damping which increases the log decrement.

Of the modes that could be excited when the machine is operated using GELS, modes
3, 4, and 5 are the most concerning because their stability is reduced quite significantly.
These modes primarily affect the vibration of the low-speed shaft and its whirl frequency
is within the operating speed range. Therefore, these modes could be excited by cross-
coupling forces in the sleeve bearings supporting this shaft [98]. The shapes for mode 5
are shown in Figure 3.18 for the low-speed shaft for the GEL and I1SO lubricant cases,
respectively. For brevity, modes 3 and 4 are not shown although a similar trend would be

discovered. These modes also had large enough log decrements in the GEL case to be
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considered stable. Insights about the effective damping of mode 5 can be determined
from these shapes. The GEL case shows little to no motion of the shaft at the generator
bearings, but the bulk of the participation is at the low-speed pinion bearings. Despite the
GEL lubricant contributing to higher damping coefficients (86% higher in the x-direction
at operating speed), the lack of motion at the generator bearings impedes their effective
damping, which decreases the log decrement of the mode. Also, the analysis results for
the low-speed pinion bearings with GEL lubricant indicate some negative principal
stiffness coefficients, which are destabilizing. The ISO mode shape shows slightly more
modal participation of the generator because of the substantially larger principal stiffness
coefficients of the low-speed pinion bearings. Consequently, the ISO case for mode 5 has
a much larger log decrement because the principal stiffness coefficients are not only

positive, but also because they include lower cross-coupled stiffness.
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Figure 3.18. Mode 5 of the generator and low-speed pinion for the a. GEL and b. 1SO

fluid cases.

Mode 11, the first bending mode of the turbine, was studied further for the unbalance
response and stability margin as a function of cross-coupled stiffness applied at the center
of the shaft since this mode is more likely to be excited due to aerodynamic cross-
coupling of the turbine blades or seal effects. Figure 3.19 shows the unbalance response

of this mode for the three fluid cases, again showing very little effect of the fluid
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properties on the peak displacement of the shaft with a maxi-mum difference between the
ISO and GEL of only a few micrometers. The stability margin of the first turbine mode
(Figure 3.20) shows little difference between the 1SO and POE cases, though the GEL
case results in a decrease in the stability margin of about 15% due to the increased direct
stiffness and reduced effective damping predicted for all speed cases. Overall, the
turbine-generator system analysis shows that changing the bearing lubricants from
petroleum-based oils to synthetics will not affect the rotordynamic performance in a
significant manner, though at many speeds reducing the viscosity via the addition of CO,
may result in lower stability margins while passing through critical speeds during startup
and shutdown. One way to avoid these undesirable effects while increasing bearing
efficiency and reducing operating temperatures would be to perform startup and shut
down operations with pure POE, then adding CO; to the lubricant only while at operating
speed. Similar to the compressor, however, this transition between steady-state conditions
at operating speed would need to be studied using a transient analysis. The future
development of a multi-rotor, transient rotordynamic code should assist in this analysis.
Considering the effects of the high-pressure seals required for GEL lubrication should
also be considered in future work. It is possible that their contributions to machine
stability may be comparable to many current turbomachinery designs for high-pressure
seals such as barrier seals, mechanical seals, bushing seals, etc., which are commonly

employed to separate high-pressure end stages from low pressure bearings [103].
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3.4 Conclusions

The effects of GEL lubrication on turbomachinery bearing performance and
rotordynamic stability were evaluated via two case studies. TEHD and finite element
rotor models were employed to investigate these effects on a compressor and a steam
turbine-generator system. The results for the centrifugal compressor showed favorable
machine behavior in the GEL lubrication case, with significant reductions in bearing
power loss and operating temperature expected along with an increase in the stability
margin of the first bending mode. Transient rotordynamic results indicated that a
relatively smooth transition between different sets of fluid properties is likely, with
bearing coefficients being predictably controlled via lubricant viscosity. The turbine-
generator system showed bearing efficiency increases in the low speed bearings while the
high speed bearings saw limited gains or even reductions in efficiency due to the onset of
turbulent flow at higher operating speeds in the GEL case. Significant reductions in
operating temperature in the high speed pinion bearings, along with a GEL base fluid
with a slightly higher viscosity than the ISO VG 46, resulted in increased levels of power
loss, significantly thicker lubricant films, and lower eccentricity ratios at higher operating
speeds. The use of GELs also reduced the stability margins for many of the modes
predicted for the turbine-generator system, suggesting that the overall effects of GELs on
bearing coefficients and machine rotordynamics are machine-specific and dependent on
the design of the bearing-rotor system. A few general trends have emerged on the effects
of GEL lubrication on bearing coefficients in the analytical work performed to date
including reduced direct stiffness and damping coefficients, particularly at higher speeds

and lower loads, but exceptions to these trends have also been found. In addition to
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effects on bearing coefficients and machine stability, other factors may also limit the
amount of CO, that could be added to the lubricant including film thickness/load capacity
and the pressures required to achieve higher levels of dissolved CO; in the fluid, though
these factors are again dependent on machine design and would warrant a more
parametric analysis of CO, content for the machine being considered for GEL operation.
The operational flexibility associated with the use of GELs could, however, prove to be
most useful in machines where rotordynamic predictions favor the use of pure oil,
allowing the user to add CO; to the mixture after reaching operating speed to increase
machine efficiency and increase bearing longevity through reduced operating
temperatures. Considering the effects of bearing seals under GEL lubrication conditions
should also be considered. Ongoing efforts to investigate the performance of seals with
GELs should provide additional information on this subject. Overall, the potential for
GELs to improve bearing efficiency, increase longevity, and provide a degree of
rotordynamic control over high speed machines is encouraging and warrants further

study.
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Chapter 4

Nonlinear Analysis of Rub Impact in a Three-
Disk Rotor and Correction via Bearing and

Lubricant Adjustment

4.1 Introduction

Rotor-stator rubbing is a significant concern among turbomachinery designers and
operators. This detrimental behavior can result in machine damage ranging from
increased wear and lower efficiency to catastrophic failure of the machine [9]. This
contact can also significantly affect the rotordynamic performance of the machine by
altering natural frequencies and mode stabilities while producing nonlinear vibration and
nonperiodic, chaotic rotor motion. Radial rubbing in high-speed machines can be caused
by a number of factors including excessive radial loading, rotor imbalance, misalignment,
thermal growth, rotor bow, and excessive vibration. While solutions are dependent on the

cause, imbalance and vibration-induced rubs can be addressed with field balancing of the

*QOriginally published by ASME. See reference [170].
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rotor or magnetic bearing systems that control rotor vibration, approaches that typically
require significant financial investment and machine downtime to implement.

The nonlinear behavior of rub impact in rotordynamic systems has been studied in
various ways. Muszynska and Goldman [104] performed an analytical and experimental
characterization of dynamic behavior in a rotor-rolling element bearing system caused by
rubbing and a loose bearing pedestal. Their results demonstrated nonperiodic, chaotic
vibration that could be reduced with increased system damping. Huang et al. [105]
investigated analytically the dynamic behavior of a hydraulic generator unit under a
misalignment and rub impact condition, finding that reducing the mass eccentricity and
increasing bearing stiffness could reduce vibration and even restore periodic motion by
increasing the natural frequencies of the system away from the operating speed. Sinha
[106] studied the transient behavior of blade rubbing by modeling the blade as a
Timoshenko beam with periodic pulse loading due to rubbing of the blade tip with the
outer casing. Results included information on blade deformation and non-linear vibration,
though system damping was neglected in this study. Cao et al. [107] studied the effects of
speed, blade tip gap, and elastic coefficient on the nonlinear vibration of an aero engine
rotor blade modeled as a continuous cantilever in a centrifugal force field. It was found
that speed and blade tip gap had a significant effect on the vibration characteristics.
Khanlo et al. [108] demonstrated the importance of Coriolis and centrifugal effects in the
analytical prediction of dynamic behavior for a 1-disk flexible rotor under a rub impact
condition. A more recent study [109] expanded their previous work to include the effects
of bearing coefficients wherein they gradually increased direct stiffness, direct damping,

cross-coupled stiffness, and cross-coupled damping individually to see the effect on the
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rub impact dynamics. It was found that for this rotor increasing the direct coefficients
improved and in some cases even removed nonperiodic motion, whereas increasing the
cross-coupled coefficients aggravated the chaotic behavior under some operating
conditions, though real bearing designs — and their subsequent effects on bearing
coefficients — were not considered. Wang et al. [110] modeled a Jefcott rotor supported
by oil film bearings and concluded that by increasing the damping ratio that rub-induced
nonlinear behavior could be improved or removed. While many of these studies have
shown that bearing stiffness and damping coefficients could play a significant role in rub
impact mitigation, none of them tied these specific bearing characteristics to realistic
bearing designs that might be considered in a real machine troubleshooting scenario.

A number of bearing system design parameters can be considered in attempting to
improve the dynamic response of a rotor. Barrett et al. [14] calculated optimum effective
damping values for rotor stability and unbalance response by relating damping to
stiffness ratio via bearing clearance and rigid bearing critical speed. Nicholas and Kirk
[15, 16] discussed tilting pad journal bearing design for optimum rotordynamic
performance, reporting that lower preloads, reduced bearing clearances, and increased
L/D ratios typically increase damping. Load-between-pad bearing configurations were
also found to reduce unbalance response. Lightly loaded bearings, however, were
discussed as benefiting from preload as extremely light loads can result in destabilizing,
negative bearing stiffness. Bhat et al. [17] optimized individual bearing design
parameters for minimum unbalance response and found that increased bearing diameters,
lower bearing clearances, higher lubricant viscosities, and increased L/D ratios reduced

the unbalance response of a single-disk rotor. Untaroiu and Untaroiu [18] successfully
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developed a tilting pad bearing design optimization scheme by combining heuristic
optimization algorithms with bearing and rotor finite element models to optimize bearing
designs for efficiency, stability, and unbalance response. While these studies all provide
critical insight into the effects of individual bearing design parameters on rotordynamic
performance, it remains to be seen how these parameters in combination could be
modified to minimize rotor displacements in an effort to reduce or remove a rub impact.
Various solutions to vibration-induced rub impact in high speed machines have been
studied and proposed. Zhang and Wang [111] investigated the effects of phase difference
between disks on rotordynamic response, highlighting field balancing of the rotor as a
possible solution in rub impact mitigation. Wang et al. [112] studied field balancing
analytically for a steam turbine case study and found this method to be inadequate for the
conditions studied. As an alternative solution, a test rig was then utilized to study the use
of an active magnetic exciter to control the vibration of the rotor during rub impact
conditions, showing that this technology could effectively reduce imbalance-induced
vibration. Chang-Jian and Chen [113] analytically studied the effectiveness of micropolar
fluid film bearings for improving the vibration characteristics of a 1-disk flexible rotor
under a rub impact condition, though it was concluded that the use of these fluids would
be ineffective for this particular case. A later study by the same authors [114] found that
the use of porous bearings could improve the vibration behavior of a rotor under a rub
impact condition when compared to non-porous bearings. Wang [115] discussed the
design of spherical gas bearings in the context of rub impact operating conditions and
found that some designs could effectively remove nonperiodic, unstable behavior for a 1-

disk flexible rotor.
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In addition to bearing design parameters, modifying lubricant properties also has the
potential to improve rotor behavior under rub impact conditions. Gas-expanded lubricants
(GELs), tunable mixtures of synthetic oil and dissolved carbon dioxide, have been
proposed to provide rotordynamic control in turbomachinery [116]. By controlling the
pressure in GEL-lubricated bearings, the properties of these fluids can be controlled in
real time, allowing operators to optimize machine performance using this control. Results
from this recent work showed that tuning the lubricant properties could affect the
unbalance response by up to five microns. However, in order to achieve more significant
reductions in the peak displacement of the shaft it is hypothesized that a combination of
bearing parameter adjustments would be required.

In this study, the effect of rub impact on the dynamic response of a 3-disk rotor is
evaluated and a number of bearing system parameters are studied in combination to
determine how much the peak displacement can be affected in attempts to remove the rub
impact from the system and restore normal, synchronous motion. The rotordynamic
characteristics of the bearing-rotor system are identified using a TEHD model of tilting
pad journal bearing performance and finite element models of the 3-disk rotor studied.
Results will then be presented in the form of a rotor critical speed map, peak rotor
displacements, bearing stiffness and damping coefficients, bifurcation diagrams, a
spectrum analysis, and whirl orbit shapes to demonstrate the effect of varying bearing

characteristics on the dynamic response of the rotor-stator system.
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4.2 Modeling Framework

The modeling approach used in this study consisted of a two-step process of
analyzing bearing performance and its subsequent effects on rotordynamic response. The
first step involved modeling the behavior of the bearings, considering a number of
bearing design parameters as variables including radial clearance, preload, pad
orientation, and lubricant. An established thermoelastohydrodynamic (TEHD) finite
element model described by He [76] was used to perform this step of the analysis.
Stiffness and damping coefficients were calculated and were then used as inputs, in the
second step, to finite element models for determining the rotordynamic response of the
machine considered, allowing for an analysis of the potential effects of different bearing

designs on rotor displacement and nonlinear behavior during rub impact conditions.
4.2.1 Thermoelastohydrodynamic Bearing Model

Section 2.3.2 provides a detailed description of the TEHD model used for this part of
the study. This analysis produced sets of 8 synchronously reduced stiffness and damping
coefficients that were used as inputs for each case into the below described finite element
models of the rotor. This allowed the model to be used to simulate the speed-dependent
characteristics of the fluid film bearings and how they interact with the entire rotor
structure. Tables 4.1 and 4.2 outline the bearing geometry and fluid property inputs to the

TEHD analysis.
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Table 4.1. Bearing inputs to the TEHD model.

Parameter Value Unit
Shaft diameter 50 mm
Rotational speed 0-15000 rpm
Bearing radial clearance 254,50.8 um
Pad axial length 12.7 mm
Pad arc length 78 deg
No. of pads 4

Load orientation LOP, LBP
Bearing preload 0.2,0.6

Pivot offset 0.5

Bearing specific load 364.7 kPa
Oil supply temperature 40 °C
Oil supply rate 7.6 L/min

Table 4.2. Fluid property inputs to the TEHD model.

Parameter POE 2938 GEL Unit
Density 945 945  kg/m®
Specific Heat 2.30 2.19 Jig-K
Thermal Conductivity 0.164  0.164 W/m-K
Viscosity 40°C 19.0 10.5 mPa-s
Viscosity 100°C 4.4 3.7 mPa-s
Supply Pressure 0.2 5.8 MPa

Supply Temperature 40 40 °C
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4.2.2 Steady-State Finite Element Rotordynamic Model

Upon processing the performance data from the TEHD bearing model, a finite
element model was developed for the 3-disk rotor being studied (Figure 4.1). The rotor is
95.5 cm in total length with a bearing span of 63.5 cm. The rotor diameter is 5 cm with
the outer disks having a diameter of 12.3 cm and the center disk having a diameter of 27
cm. The length is broken down into 25 Timoshenko beam elements in the finite element
model, with the bearings being represented as complex impedances at nodes 6 and 23.

The speed range considered was 0 to 15,000 rpm.

————— e lllhl?lll

Figure 4.1. Finite element model of the 3-disk rotor.

The linearized flexible rotor model is represented by equation 3.4, containing terms
representing the inertia, damping, gyroscopics, and stiffness matrices. The calculation of
rotordynamic metrics including the locations of critical speeds and mode shapes allowed
for a high-level analysis of the rotor vibration characteristics before using the below
described nonlinear rotordynamic model to assess its behavior under a rub impact

condition. Both forward and backward modes were considered in this analysis.
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4.2.3 Nonlinear Finite Element Rotordynamic Model

Similar to the steady state analysis, the nonlinear finite element model of the rotor is
composed of 25 beam elements and considers shear and gyroscopic effects with bearing
stiffness and damping forces applied at the bearing locations. Each node has 4 degrees of
freedom, 2 translational and 2 rotational: x and y are translational freedoms in the x and y
directions and 6y and 0 are the rotations of the cross section around the x and y axes.

The rub impact is assumed to take place at the center disk. Without considering
thermal effects from friction, the rub impact forces are related to the radial displacement

e with the following equation,

Fix) _  kee-cn[1  —fc] (Xo1
{Fry} T e [fc 1 ] {YOl} (e=cr) (4.1)

Fry =Fy =0 (e<c)

where e = \/m , and Xo1 and Yo are the displacement components of the geometric
center of the disk in the x and y directions. Fx and F, denote the rub impact forces in the
x and y directions. The clearance between the rotor and the stator c, is set at 80-120 um,
the radial stiffness of the stator k; is equal to 45E6 N/m, and the friction coefficient
between the rotor and stator f; is equal to 0.1. The nonlinear equations of the system are
integrated in the time domain using Newmark’s implicit method. The model does not
distinguish between the excitation of forward and backward modes, but characterizes the

dynamic response of the system due to the forces applied to it.
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4.3 Results and Discussion

To evaluate the effects of a number of potentially important bearing parameters on
the dynamic response of the rotor as it related to a rub impact condition, 16 cases were
analyzed in the TEHD and rotordynamic models (Table 4.3). The parameters chosen for
evaluation include the bearing lubricant, radial clearance, preload, and tilting pad
orientation. The lubricants evaluated were a polyol ester (POE) synthetic oil and a GEL
containing an 80% POE and a 20% carbon dioxide mass content. The bearing clearances
and preloads chosen for evaluation represent the minimum and maximum values of
ranges typically considered in bearing design. The two pad orientations chosen, load-on-
pad (LOP) and load-between-pad (LBP) configurations, also represent two commonly

used tilting pad journal bearing designs.

Table 4.3. Bearing lubrication and design cases considered.

Case Lubricant Radial Clearance Preload Pad Orientation

1  POE 50.8 pm 0.2 LOP
2  POE 50.8 pm 0.2 LBP
3  POE 50.8 pm 0.6 LOP
4  POE 50.8 pm 0.6 LBP
5  POE 25.4 pm 0.2 LOP
6 POE 25.4 pm 0.2 LBP
7  POE 25.4 pm 0.6 LOP
8  POE 25.4 pm 0.6 LBP
9  GEL 50.8 pm 0.2 LOP
10  GEL 50.8 pm 0.2 LBP
11 GEL 50.8 pm 0.6 LOP
12 GEL 50.8 pm 0.6 LBP
13 GEL 25.4 pm 0.2 LOP
14  GEL 25.4 pm 0.2 LBP
15  GEL 25.4 pm 0.6 LOP
16  GEL 25.4 pm 0.6 LBP
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To begin the analysis, a critical speed map of the system was developed (Figure 4.2).
Two forward and two backward critical speeds were found to exist in the operating speed
range considered. A mode shape analysis found that the first critical speeds were first
rigid modes while the second critical speeds were conical modes. The sets of direct,
vertical stiffness coefficients (K,y) superimposed over the lines denoting the critical
speeds demonstrate the full range of bearing stiffness values calculated by the TEHD
analysis, showing that only in cases of reduced bearing stiffness do the conical modes fall
within the operating range considered for this rotor. The two groups of vertical stiffness
values observed were found to be formed primarily due to differences in pad orientation
and bearing clearance, with the lower values being calculated for a number of load-

between-pad and larger bearing clearance cases.
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Figure 4.2. Critical speed map of the 3-disk rotor, showing both forward (black lines)

and backward (grey lines) modes.
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Upon characterizing the overall rotordynamic nature of the system, unbalance forces
were applied at the 3 disk locations to excite the rotor in a manner that would produce a
rub impact condition. The nonlinear rotordynamic analysis was then performed for the 16
cases studied to evaluate the effect of the bearing characteristics considered on the
dynamic response of the system. Of the 16 cases analyzed, 14 cases converged properly
and are summarized below. Cases 11 and 12 did not converge for many speed cases in
the TEHD analysis and produced negative direct damping values that also disallowed the
rotordynamic code from converging. This was due perhaps to the unlikely combination of
a low viscosity lubricant, large bearing clearance, and high bearing preload. Hence, the
results of these cases have been excluded.

The center disk radial displacements of the first set of cases considered are shown in
Figure 4.3. The displacements rapidly increase around 4,500-6000 rpm as the rotor passes
through the first critical speed and remain relatively high with unbalance forces persisting
as the system approaches the second mode. The preload of 0.2 and load-between-pad
orientation were constant for these cases, highlighting the relative importance of the two
variables in this comparison, the lubricant and the bearing clearance. The bearing
clearance was found to have a more significant impact on the peak rotor displacements,
with the larger bearing clearance of 50.8 um producing lower radial displacements up to
approximately 11,000 rpm. In these cases the rub impact is effectively removed until
higher speeds are reached. The lubricant had a smaller effect on the displacements, with
the POE producing lower values in the larger bearing clearance cases and the GEL
producing lower values in the lower bearing clearance cases. The small impact of the

fluid properties is consistent with the results of Weaver et al. [116]. The speed at which
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the initial peak displacements were reached was also higher in cases 6 and 14, found to
occur due to increased bearing stiffness in the lower bearing clearance cases (Figure 4.4).
These stiffness values as well as the higher levels of cross-coupled stiffness encountered

in these cases also produced larger rotor displacements as effective damping was

reduced.
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Cases 2 and 14 were further analyzed for their dynamic behavior at a radial clearance
of 80 um to highlight the different rotordynamic responses under mild-rub and severe-rub
impact conditions. Figure 4.5 shows the x-displacement bifurcation of the rotor motion
for these sets of conditions, respectively, demonstrating abundant nonlinear behavior in
the severe rub case. This behavior is also shown in the whirl orbit shapes at 9,000 rpm
(Figure 4.6), with synchronous motion demonstrated in the mild-rub condition and
chaotic motion found in the severe rubbing case. A spectrum analysis (Figure 4.7) reveals
a doubling of the 1X vibration amplitude along with the addition of a significant 1.25X

vibration under the severe rub impact condition.



115

B D 00
o o o
H
[
[]

]

.

(]

]

°

N
o
[
°

o

X-Displacement (um)
..

N
o

A
o

o)
)

0 3000 6000 9000 12000 15000
OperatingSpeed (rpm)

250

200

150

100

50

X-Displacement (um)

0 3000 6000 9000 12000 15000
Operating Speed (rpm)

Figure 4.5. Bifurcation diagrams for cases 2 (a) and 14 (b).



116

o o o o o
(Yo} < N (N

40
-60

(wrl)juswaoe|dsig-A

60

40

20

-20

-40

-60

X-Displacement (um)

200

—_

o
S
A

wrl) Juswade|dsiqg-A

-200

200

100

-100

-200

X-Displacement (um)

Figure 4.6. Shaft whirl orbits for cases 2 (a) and 14 (b).



117

w iy Ul D
o o o o
! ! ! J

Amplitude (um)

N
o
!

f(x)

120 -

100 -

00
o
!

(o))
o
!

Amplitude (um)

40 -

20 -

- .

0 ! 1
0 1 2 3 4 5 6
f(x)

Figure 4.7. Spectrum analysis of cases 2 (a) and 14 (b).

A second set of bearing cases were analyzed for peak displacement, shown in Figure

4.8. Like the first set, the preload of 0.2 was constant for these cases, though a load-on-



118

pad bearing configuration was implemented here. Unlike the first set, however, all of the
cases compared reached a rub impact condition upon traversing the first mode at
approximately 5,500-7,500 rpm, suggesting that load-between-pad bearing configurations
are better suited for minimizing peak displacements. This is consistent with the results of
Nicholas and Kirk [15, 16]. Case 1, utilizing a POE lubricant and a larger bearing
clearance, produced the lowest peak displacements at the first mode but was comparable
to the other cases at higher speeds. At the lower bearing clearance the GEL produced a
slightly lower displacement. Cases 9 and 13 were fairly comparable, showing little effect
of the bearing clearance in the GEL lubricant cases. These results were verified by the
trends observed in the bearing stiffness and damping coefficients (Figure 4.9). While
damping in these cases was comparable to the first set of cases analyzed, bearing stiffness
values were generally higher, resulting in the larger displacements observed. Similar to
the first set of cases compared, higher levels of bearing stiffness were also associated

with the lower bearing clearance cases.
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A third set of bearing cases (Figure 4.10) allowed for a comparison of the other two
variables for their effect on peak rotor displacements. In these cases the POE lubricant
and 50.8 um bearing clearance were held constant while the preload and pad orientation
were varied. Cases 2 and 4 produced the lowest peak displacements at the first mode,
further suggesting that the load-between-pad configuration is the more ideal
configuration. The effect of preload, though slightly smaller than pad orientation, was
also significant with the 0.2 preload cases producing lower displacements that the 0.6
preload cases. This trend is also evident in the bearing stiffness and damping coefficients
(Figure 4.11). Overall, stiffness and damping values were relatively low when compared
to many of the other cases previously discussed, with case 2 benefitting the most from
lower stiffness and higher damping values. The load-on-pad bearing configurations
predictably produced greater vertical stiffness and damping values whereas the load-
between-pad cases distributed stiffness and damping forces more evenly in the x and y
directions, though the load-between-pad cases experienced greater overall levels of

effective damping.
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To see if these trends held for the same lubricant but for a lower bearing clearance,
cases 5, 6, 7, and 8 were analyzed for similar behavior (Figure 4.12). The strong
influence of bearing clearance was evident in this comparison, with all four cases
producing similarly large displacements. Cases 5 and 6, having the lower preload of 0.2,
again exhibited slightly lower displacements than the higher preload cases. The effect of
bearing orientation was much less pronounced than in the previous comparison under a
larger bearing clearance, with differences between load-on-pad and load-between-pad
cases being on the order of a few microns. This behavior was confirmed by the stiffness
and damping coefficient results (Figure 4.13). The reduced bearing clearance produced
higher overall levels of bearing stiffness along with moderate levels of damping. The
higher preload cases (7 and 8) produced larger stiffness and lower damping forces,

resulting in the larger rotor displacements predicted.
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The final set of cases compared for their performance were the GEL-lubricated
bearings (Figure 4.14). The majority of GEL cases produced higher overall radial
displacements during the first mode. Case 10 performed the best during this mode with
its design including a larger bearing clearance, a lower preload, and a load-between-pad
configuration. Cases 15 and 16, designed to have lower bearing clearances and higher
preloads, produced the largest peak displacements. The bearing configuration again
appeared to have a large impact on the system only in the higher bearing clearance cases.
The bearing coefficient results verify this behavior (Figure 4.15), with case 10 having the

lowest levels of bearing stiffness and cases 15 and 16 exhibiting the highest.
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4.4 Conclusions

A number of important bearing lubrication and design parameters were evaluated for
their impact in improving the performance of a 3-disk rotor under a rub impact condition.
TEHD and finite element models were employed to investigate these effects in terms of
peak rotor displacements during machine operation as well as to highlight the differences
in system behavior between the no-rub and rub impact scenarios. The results showed that
large reductions in peak displacement were achievable when bearing design and
lubrication parameters were optimized. While all cases predicted rub impacts at higher
speeds for this heavily unbalanced rotor, the rub impacts encountered at the first critical
speed were removed for cases in which optimal bearing conditions were utilized. The
POE lubricant produced the lowest peak displacements for the larger bearing clearance
cases while the GEL performed more ideally in some of the lower bearing clearance
cases, showing that in many instances the ability to tune the fluid properties could be very
beneficial.  Larger bearing clearances and lower preloads produced lower peak
displacements by providing greater levels of effective damping. Load-between-pad
configurations also produced more ideal rotor behavior than the load-on-pad
configurations. Pad configuration and bearing clearance generally had the greatest impact
on peak rotor displacement, though preload and lubricant properties produced significant
differences under some conditions as well. Abundant nonlinear behavior was found in the
cases that experienced a severe rub impact, with chaotic rotor motion and increased
vibration amplitudes further describing this behavior. In the cases where the rub impact
was removed at low to moderate speeds, synchronous motion was restored to the system.

Overall, it was found that slight modifications to bearing design and lubrication could
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provide a simple and cost-effective solution to improving or removing rub impacts in

high-speed rotating machinery.
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Chapter 5

Design of a Gas-Expanded Lubricants

Bearing Test Rig

As previous chapters have discussed the performance implications of GELSs, there are
a number of design considerations that must also be considered when exploring the
notion of a new bearing lubrication technology. These design considerations include that
of the bearings, bearing housings, bearing seals, lubrication system, monitoring and
control system, as well as considerations related to the design and operation of the
machine being considered for the new technology. GELs pose a unique challenge in this
regard as fully flooded, pressurized bearings would require fairly substantial changes to
many of these designs, depending on the application.

When the study of GELs began, it was known that a number of performance models
would be available to explore the potential performance of these fluids in high-speed
bearings. Therefore the initial goal of the study was to not only study GEL properties and

their potential performance in bearings, but to also experimentally measure that
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performance to validate the modeling efforts performed and provide initial proof-of-
concept of the technology to those in the bearing and rotating machinery industries. This
approach could then lead to potential commercialization activities surrounding the
technology should it be deemed appealing to these industries.

In accordance with this initial plan, a Gas-Expanded Lubricant Bearing Test Rig was
designed while considering many of the above important design considerations. Though
this test rig was not constructed for reasons that will be discussed later in this chapter
pertaining to some of these design considerations, the knowledge gained from this design
work was certainly novel in terms of GEL-system design and is worthy of documentation
for future test rig or GEL system prototype development. The following sections will
detail the design of this bearing test rig, providing its overall design specifications and
discussing the most important design considerations that needed to be studied in order to
allow for the successful completion and operation of this high-pressure, high-speed
machine. The technical limiting factors will also be discussed before moving on to the
discussion of the study of these factors in Chapter 6 with another experimental test rig

that is to be completed.

5.1 Test Rig Overview

The Gas-Expanded Lubricants Test Rig has been designed to experimentally measure
the performance of GELSs in tilting pad journal bearings. Because GELs involve the use
of a tunable lubricant whose original properties can be restored, this test rig would also
allow for direct performance comparisons with standard lubricants used in industry.

These results could be compared to performance predictions carried out in Chapter 2 as
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the bearing-rotor system modeled in that chapter is of the same design. Key performance
metrics of interest with this test rig include bearing power loss, pad temperatures, fluid
pressures, and rotor position.

This section provides an overview of the bearing test rig design. A 3D model of the
test section is shown in Figure 5.1. This test section will rest on a concrete pad with
dimensions 68 long, 40” wide, and 26 tall. To provide vibration damping the concrete
pad will then rest on a rubber damper mat. A 2” thick, 66 long, and 38” wide carbon
steel skid attached to the concrete pad will provide a machined-flat surface for the test rig
to ensure proper alignment and support for the heavy, high-speed structure. The use of a
concrete pad will also increase the stiffness of the supporting structure, ensuring that
structural vibration modes will be located outside of the operating speed range of the test
rig. Otherwise, these modes could cause misalignment of the test section and failure of
the machine. The test section itself will then consist of a high-speed motor, a double-flex
coupling to connect the motor to the shaft, the rotor, two bearings, two high-pressure
bearing housings, four bearing seals, and instrumentation. A custom GEL lubrication

system will then supply pure oil and GELSs to the test section bearings.
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Figure 5.1. A 3D solid model depiction of the GEL Bearing Test Rig test section.

The test rig motor (Figures 5.2 and 5.3) is a Reuland Electric 184T frame motor with
a variable speed capability up to 10,000 rpm at 10 hp. A number of bearing and seal
performance analyses were performed to estimate the power losses of the system due to
fluid shear and churning, ensuring that the motor selected would be adequately sized to
overcome these losses. This motor is then coupled to the test rig rotor using a Rexnord
Thomas Series 71-150 double-flexible disk pack coupling (Figure 5.4). The use of a
double-flex coupling allows for up to 2 planes of slight misalignment should it be

encountered during assembly or as a result of vibration or other structural shifts.
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Figure 5.3. Reuland Electric motor specifications.
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Figure 5.4. Rexnord Thomas 150 SR71 double-flex coupling.

The test rig rotor (Figure 5.5) is designed to have a 44” length, with 14.5” long
sections on each end of the shaft having a diameter of 1.5 and the central 15” long
section having a diameter of 4”. The weight of the rotor is approximately 66 Ibs, or a 43
psi load for single bearing pad with 1” x 0.76” dimensions. 0.125” chamfers at each end
of the rotor allow for easy coupling attachment and 0.25 holes drilled into each axial end
of the central section allow for the addition of unbalance weights during experiments.
The rotor is designed for maximum stiffness to raise the location of the first critical speed
of the machine. The large diameter of the central section of the shaft increases the load
applied to the test bearings and allows for the addition of an adjustable rolling element

bearing at the center of the shaft for further increasing the bearing load during
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experiments. Additional details of rotordynamic analyses performed for the test rig shaft

are discussed in section 5.3.

Figure 5.5. GEL bearing test rig rotor.

The bearing housings (Figure 5.6) present one of the most unique aspects of the
overall test rig design. As commonly used bearings in the turbomachinery industry are
typically operated at pressures up to 40 psi [7], the high pressures required for GELS
create an interesting design challenge for the bearing housings and seals. The housings
are designed for a maximum pressure of 2,465 psi. This design pressure will allow for a
large range of dissolved CO;, mass fractions in the GEL that could be studied at a wide
range of operating temperatures. The split-housing design will also allow for easy
assembly and disassembly of the test sections. Details on the design of the bearing
housings for these elevated pressures are discussed in section 5.2. These housings are
equipped with ten high-pressure ports for routing thermocouples to each of the five
bearing pads for measuring pad temperatures in both load-on-pad and load-between-pad

bearing configurations. Figure 5.7 provides a cross-sectional view of the inside of the
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bearing housing. Details on the design of the bearings used for this test rig are found in

Table 2.3.

Figure 5.6. High-pressure bearing housing for the GEL bearing test rig.
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Figure 5.7. High-pressure bearing housing cross-section.

5.2 Bearing Housing Finite Element Analysis

As the bearing housings were designed for pressures up to 2,465 psi, it was necessary
to perform a finite element analysis of the bearing housing to determine a number of
important housing design parameters including the locations of peak stresses, the housing
material that would be necessary to facilitate such a design, and the size and number of
bolts required to securely hold the various sections of the bearing housing in place

without significant deformation taking place.
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Figure 5.8 shows the finite element model constructed for the bearing housing using
the mechanical modeler in ANSYS Workbench. This model utilized a fine mesh and a
symmetrical boundary condition in the axial direction to reduce both the total number of
nodes and the convergence time. Forces applied to the housing include the internal
pressure of 2,465 psi as well as bolt preloads calculated using [117]. Other boundary
conditions utilized include fixed displacements along the symmetry plane, on the bottom
of the housing, and on the floor bolt threads, bonded contact surfaces between the bolt
heads/threads and contacting surfaces, and sliding friction contact surfaces between the

different housing sections.
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Figure 5.8. Finite element model of the bearing housing.
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The peak stresses of the bearing housing are shown in Figure 5.9 to be approximately
70,000 psi. Using a proper factor of safety, it was found that when using a higher strength
steel such as a 15-5 precipitation-hardened stainless steel that the peak stresses would
equal less than 58% of the yield strength of the material, essentially providing infinite
fatigue life at the design pressure chosen. Considering both these strength requirements
as well as the corrosion resistance that would be required for CO, compatibility, the 15-5

precipitation-hardened stainless steel was chosen as the material for the bearing housings.

Equivalent Stress - Housing
Type: Equivalent {von-Mises) Stress

Unit: psi
Time: 1

70735 Max
62828
54921
47014
39107
31200
23406
15613
7819.2
25.581 Min

Figure 5.9. Peak stresses in the high-pressure bearing housing.

Peak stresses in the bolts were also evaluated to determine the proper size, number,
and type of bolts that needed to be used (Figure 5.10). It was found that the peak bolt

cross-sectional stresses remained below 55,000 psi at design pressure. This led to the
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conclusion that the Grade 8 bolts selected for the bearing housing would be adequate for
these stresses due to their large yield strength of 130,000 psi. Housing separation (Figure
5.11) and deformation (Figure 5.12) were also evaluated, finding that peak separations
and deformations were 0.00075” and 0.0015”, respectively. These results led to the
conclusion that while adequate contact and minimum deformation could be maintained
with this design, the use of static seals at the bolted joints would be necessary to prevent

leakage from these joints. PTFE gaskets have been chosen to provide this sealing action.

Equivalent Stress - Bolts
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Time: 1
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Figure 5.10. Peak stresses in the housing bolts.
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Gap
Type: Gap
Unit: in
Timne: 1
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Figure 5.11. Separation between the housing surfaces at design pressure.
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Figure 5.12. Deformation of the bearing housing at design pressure.
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5.3 Rotordynamic Analysis

To ensure adequate rotordynamic performance of the test rig for the speed range
desired, it was necessary to perform a standard rotordynamic analysis of the machine.
This analysis took into account both the performance of the machine bearings as well as
the high-pressure floating bushing seals described in section 5.6 and was performed using
methods described in section 3.2.3.

The first step of the analysis was to create a critical speed map of the system (Figure
5.13). This analysis revealed that there existed two critical speeds in the 0-10,000 rpm
operating range selected for the test rig, shown in the Figure by the intersection of the Ky
and Kyy bearing stiffness coefficients with the two lines denoting the critical speeds in the

operating range. The estimated critical speeds were located at approximately 5,000 and

8,000 rpm.
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Figure 5.13. Critical speed map of the GEL bearing test rig.
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An undamped mode shape analysis (Figure 5.14) predicted the shapes of the two
critical speeds to be a 1 bending mode (shown in red) and a gyroscopic mode (shown in
green). This then led to the portion of the analysis that used the bearing and seal
coefficients as inputs to the model for assessing mode stability, damped mode shapes,
and unbalance response. Two scenarios were considered for this portion of the analysis:
one scenario where the floating bushing seals were assumed to be floating with the
eccentric motion of the shaft, and a second scenario where the seals were assumed to be
locked into position which would further enhance their effects on the rotordynamic

performance of the machine.
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Figure 5.14. Undamped mode shapes of the bearing test rig rotor.

The stability analysis revealed some interesting results when comparing the two cases

considered. For the scenario in which floating seals were assumed, the two modes in the
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operating range were found to be well damped with the prediction of large log decrement
values for these modes, indicating a stable operation of the machine while passing
through these modes. The second scenario, in which the seals were assumed to lock into
position, predicted much lower values of log decrement. As discussed in Chapter 3,
values above zero are indicative of a stable system, though commonly used industry
standards such as API 617 [99] require a value above 0.1 to include a factor of safety. For
the modes predicted by this analysis log decrement values were calculated as low as 0.02,
leading to the prediction of a stable system but one that must be carefully monitored
when brought up to higher speeds. Seal lockup speed calculations were also performed in
accordance with Allaire and Kocur [118], indicating that the seals were likely to lock up
between speeds of 500 and 1,000 rpm at typical operating pressures. This further
emphasized the care that needed to be taken when starting up the machine and
pressurizing the bearings.

Damped mode shapes and unbalance response were the final rotordynamic
characteristics assessed for the test rig design. Taking into account the effects of the
bearing and seal stiffness and damping coefficients, the mode shape of the first critical
speed was found to change from a 1% bending mode to a conical mode shape (Figure

5.15).
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Figure 5.15. Damped mode shape of the first critical speed.

The unbalance response of both modes in the operating range was analyzed for both
scenarios considered in the stability analysis. The second mode of the first scenario
produced the largest peak displacements of the analyses performed (Figure 5.16),
indicating that peak displacements would remain below the bearing and seal clearances

chosen for the test rig design.
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Figure 5.16. Unbalance response of the second mode in one of the test rig bearings.

Overall, this analysis concluded that while the stability and unbalance response of the
machine would remain at levels considered safe for operation for a majority of the
operating conditions considered, care must be taken when operating the test rig at the
highest speeds and pressures considered for experiments to ensure that no damage would

come to the machine.

5.4 Lubrication System

The GEL lubrication system design for the bearing test rig also presented a unique
design challenge. This system required accurate control of the GEL composition, thus

requiring excellent control over flow rates, pressures, and temperatures in the fluid to
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ensure a single-phase, homogenous mixture to the bearing test section. These factors,
along with system design pressure and flow rate were considered as the lubrication
system was designed and assembled in partnership with the manufacturer American
Design & Manufacturing. The delivery system has since been received and is shown in

Figure 5.17.

Figure 5.17. The GEL delivery system for the bearing test rig.

This system consists of a two-stage gear pump design (Sauer aluminum gear pumps),
allowing for both single and multi-phase lubricants including GELSs to be delivered to the
test section at pressures up to 2,500 psi and flow rates of 2 gpm. The first stage pump

flow and pressure are controlled by a variable frequency drive and an adjustable relief
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valve providing return flow to the lubricant reservoir. The reservoir holds 20 gallons of
polyol ester lubricant with an initial viscosity of 53 mPa-s at 40°C. This lubricant was
chosen is it was found to form miscible, single-phase mixtures when combined with
carbon dioxide, whereas other synthetics may exhibit miscibility limits under many
operating conditions [6]. The larger initial viscosity also allows for a wider range of GEL
viscosities to be studied. Carbon dioxide is fed into the lubricant flow between the two
gear pumps after passing through a pressure regulator and a mass flow controller (Brooks
SLA Series). The second stage gear pump then provides pumping and mixing of the GEL
mixture as it is delivered to the test section. Test section inlet and outlet pressure and
temperatures are measured along with total flow rate using pressure transducers (Omega
Engineering), thermocouples (TTEC 8006 Series RTD), pressure/temperature gauges,
and a flow meter (Hedland H600 Series).

After exiting the test section, the fluid passes through a series of adjustable cartridge
relief valves (Sun Hydraulics) to control the back pressure of the fluid in the test section.
These will allow for bearing pressures ranging from 50 psi to the design pressure of 2,465
psi. The flow then passes through a 30,000 BTU brazed plate heat exchanger (ITT)
followed by a custom degasser for removing any remaining carbon dioxide in the fluid
following depressurization as well as a 10 micron oil filter (Schroeder). The fluid then
returns to the lubricant reservoir and carbon dioxide emissions are routed outdoors.
Though this system requires the use of a fresh carbon dioxide stream that is then lost to
the atmosphere, it is anticipated that other designs could be utilized involving high-

pressure lubricant reservoirs or separate carbon dioxide capture and recompression
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equipment to allow for reuse of the carbon dioxide in the system. An open-loop design

was chosen for this experimental system to minimize cost.

5.5 Data Acquisition and Instrumentation

A variety of performance data can be collected from this bearing test rig. The overall
data acquisition system, provided by National Instruments, will consist of a multi-slot
chassis, a series of input and output modules for sending and receiving voltage and
amperage signals to and from instrumentation and control units, a computer equipped
with LabView software for controlling the system and logging data, and the data
collection instrumentation. Ten thermocouples (Omega Engineering) will provide pad
temperature data for each of the five pads in the two test bearings at multiple bearing
configurations. These instruments will be routed into the bearing housing and securely
sealed using high-pressure fittings from High Pressure Equipment Company. Pressure
transducers (Omega Engineering) at the fluid inlets and outlets to the test bearings will
monitor and allow for the control of fluid pressures in the bearings.

Power loss in the system due to fluid shear will be measured by multiplying the
operating speed by the measured torque of the system. Torque will be measured using a
torque transducer with a 2 N-m range (Honeywell 1701 Model). This range was
determined via the previously mentioned bearing and seal performance predictions that
were performed for the test rig. The motion of the rotor will also be measured using a
series of proximity probes (Micro Epsilon). The LabView-equipped computer will then

collect and store all of this information while providing output control signals to the
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carbon dioxide mass flow controller, the first-stage gear pump variable frequency drive,

and the variable frequency drive of the test rig motor.

5.6 Bearing Seals

The rotary seals for the pressurized bearing housings produced the most challenging
aspect of the GEL bearing test rig design. Based on the judgment of the mechanical
engineers collaborating on this project, a non-contacting, low-clearance, floating bushing
seal was chosen as the initial design for the test rig seals (Figure 5.18). These seals are
commonly used in the turbomachinery industry and come with the benefits of low
leakage, minimal power losses due to the lack of contacting surfaces, and enhanced
rotordynamic performance due to the floating nature of the seal [118, 119]. Circular or
rectangular circumferential grooves can also be added to the seal face to reduce leakage
and enhance rotordynamic performance, though depending on the design and application
these benefits can also come in the form of tradeoffs [118].

The design of this seal includes a 2” total axial length, with the length broken down
into two 17 sections. The section closest to the bearing has an extremely tight 0.001”
radial clearance to help minimize leakage. The outer 1” length of the seal has an
increased clearance to then reduce the amount of spraying of any leakage that should
occur. The front of the seal contains a groove for the placement of a PTFE o-ring that will
serve as the static seal between the axial face of the bushing seal and the inner wall of the
bearing housing. PTFE was chosen for the o-ring material as it has a very low coefficient
of friction, further allowing the seal to float radially, as well as superior sealing and

material compatibility in carbon dioxide applications. For ease of installation, the seal is
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split vertically and held intact with four socket head cap screws. An anti-rotation pin on

the top of seal will prevent the seal from rotating inside the bearing housing.

Figure 5.18. Floating bushing seal for the high-pressure bearing housings.

The leakage performance of the seal was predicted using a variety of models
available in the literature and from collaborators. These models employed multiple
techniques for calculating seal leakage including bulk flow theory, Reynold’s Equation-
based finite element analysis, and theory of flow through concentric orifices [82, 119-
121]. However, due to the variety of techniques used in these various seal modeling
approaches, estimates for expected leakage were quite varied as well, with predicted
leakage rates ranging from 1 cc/s to 17 cc/s to 23 cc/s, depending on the method. If 23
cc/s of leakage were in fact encountered with the test rig, this would be disastrous for the

experiments planned.
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Given the uncertainty surrounding both the expected leakage and rotordynamic
performance of the floating bushing seals, a number of other seal technologies were also
explored for their viable use with the GEL bearing test rig. These seals included lip seals
[122, 123], labyrinth seals [124-134], a variety of annular seals including bushing, ring,
honeycomb, and hole pattern seals [135-146], centrifugal motion seals [47, 147, 148],
and mechanical seals [149-163]. However, these sealing technologies also faced a
number of technical hurdles to being implemented in GEL environments including
limited pressure and/or speed ratings (lip seals, centrifugal motion seals), limited to no
use or understanding of their performance in high-pressure liquid environments (labyrinth
seals, many annular seals, mechanical seals), and excessive technical demands and
monetary cost associated with their use (mechanical seals).

Hence, after considering the uncertainty surrounding the current seal design, the
technical hurdles faced in utilizing other types of bearing seals, as well as other non-
technical logistical issues, it was decided that instead of building the GEL Bearing Test
Rig that a GEL Seal Test Rig would be designed and assembled to begin answering the
important questions surrounding the use of various seal types in high-pressure GEL
environments. Additional details on the design and assembly of the GEL Seal Test Rig

will be discussed in Chapter 6.

5.7 Summary

A Gas-Expanded Lubricants Bearing Test Rig has been designed which includes a
number of novel designs for GEL-compatible bearing lubrication system components

including high-pressure bearing housings for containing these fluids and a fully
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controllable GEL delivery system for controlling the properties of the lubricant in real
time. All of the ancillary components for the system have been specified and a number of
performance, finite element, and rotordynamic analyses have been performed to ensure
its proper design and operation. Due to the uncertainty surrounding the GEL seals for this
test rig the assembly has been delayed until important questions regarding GEL seal
performance can be answered. However, a great deal of useful information has been
obtained as a result of the bearing test rig design process, and it is hoped that the test rig
will be assembled in the future to provide important experimental data on the

performance of GELSs in tilting pad journal bearings.
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Chapter 6

Design and Assembly of a Gas-Expanded

Lubricants Seal Test Rig

As discussed in Chapter 5, the need to better understand seal performance in GEL-
lubricated bearings drove the need to develop a test rig for studying that performance.
The knowledge gained from designing the GEL bearing test rig and assessing a wide
range of high-pressure seals in the literature aided in this development. This chapter
details the design of the Gas-Expanded Lubricants Seal Test Rig that will be used to
study a variety of seals used for low-pressure liquids, GELs, multi-phase mixtures, and
pure gases. A variety of bulk flow, computational fluid dynamics, and hybrid methods
have been developed to model the performance of these seals [164-169]. The GEL Seal
Test Rig will also serve to experimentally validate these methods as they are further
developed and improved in the future. The knowledge gained from this test rig will then
guide future GEL seal and other component designs while providing important

experimental data to the academic and industrial communities on high-pressure liquid
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and multi-phase seal performance, information that is far less common than that of gas or

low-pressure liquid seals.

6.1 Test Rig Overview

This section provides an overview of the design of the Gas-Expanded Lubricants Seal
Test Rig. A 3D solid model of the test rig is shown in Figure 6.1. This test rig will rest on
the concrete pad discussed in section 5.1. A flat-machined, 1.25” thick carbon steel plate
will then support the test section and allow for ease of alignment of the test section
components. The test section consists of a spindle motor, a series of single-flex
couplings, the rotor, ball bearings with support structures, and a housing assembly with
attached seals. A GEL lubrication system — modified from the one described in section

5.4 — will then supply low and high-pressure GELs and other fluids to the seals tested.

Figure 6.1. A 3D solid model depiction of the GEL Seal Test Rig test section.
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The test rig motor (Figure 6.2) is a Giordano Colombo RS 135 spindle motor,
equipped with a variable frequency drive and designed for speeds up to 15,000 rpm at 18
hp. These power and speed range specifications are based upon the seal performance
predictions described in section 6.2. The motor is connected to the test rig rotor via a
single-flex coupling-torque transducer-single-flex coupling arrangement (Interface) that
will allow for torque measurements and provide necessary flexure for any slight
misalignment of the rotor and motor that might take place, though final alignment

procedures carried out after assembly should prevent this from occurring.

Figure 6.2. The Giordano Colombo spindle motor driving the GEL seal test rig.

The seal rig rotor (Figure 6.3) is 20 in total length, with 5” lengths at each axial end
having a diameter of 20 mm. The central section is 10” in length with a 2” diameter. This
larger diameter will allow for greater surface speeds in the seal test section. The rotor is

constructed of 17-4 stainless steel and will be coated with chrome in the test section to
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prevent galling of the rotor or seals should a misalignment-induced contact occur. Details

of a rotordynamic analysis performed for the test rig rotor are discussed in section 6.3.
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Figure 6.3. The GEL Seal Test Rig rotor.

The rotor is supported by two high-speed ball bearings (SKF 6004 Series) with a 20
mm bore, 42 mm outer diameter, and 12 mm axial length. These bearings have an 828-
hour life and can support dynamic loads of up to 650 Ibf. The bearings will be housed in
custom split-design housings.

The test section (Figure 6.4) consists of a central housing with seals bolted onto each
axial end. The test section is constructed of a high-strength 15-5 precipitation-hardened
stainless steel. The design of the seals and analysis of the test section will be discussed
further in sections 6.2 and 6.4. Fluid from the supply system will enter the test section
through an SAE fitting machined into the top of the central housing. After traveling
through the seals the fluid will then enter an expansion chamber, allowing for a

significant pressure drop across the seal. Single-tooth labyrinth seals will prevent leakage
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from the axial ends of the seal cartridges while low-back pressure outlets at the bottom of
the expansion chambers will collect the fluid and route it back into the supply system. As
discussed further in section 6.2, this design will allow for multiple seal designs to be

tested due to the interchangeable nature of the seal cartridges.

Outlets

Figure 6.4. Cross-sectional view of the seal rig test section.

6.2 Seal Design and Performance Predictions

For the initial set of experiments to be performed with the test rig, two commonly
used high-pressure annular seals were designed for performance testing. These designs
include a plain, smooth-surface annular seal and a hole pattern seal. The plain annular
seal, depicted in Figure 6.4, is 2” in axial length with a radial clearance of 0.001”. The
expansion chamber is also 2” in axial length with a 1” radial clearance to allow for

expansion of the leaked fluid as the pressure is reduced at the seal outlet. The single-tooth
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end seal has a length of 0.125” with a radial clearance of 0.001”. In addition to the SAE
fittings on the bottoms of the seals used to collect the leakage, the seals will also have
five high-pressure ports machined into them for pressure measurements in the expansion
chamber as well as pressure and temperature measurements at two locations along each
seal face (Figures 6.4 and 6.5). Figure 6.5 shows how two of the four ports are connected
to the seal face, with a small hole showing the location of the other two connector holes
in the axial direction. The holes are spaced at 1/3 and 2/3 of the total axial length of the

seals.

Figure 6.5. High-pressure ports machined into the seal cartridges for data collection.
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The hole pattern seal cartridges have the same exact dimensions as the plain annular
seals, but with the addition of the hole pattern on the seal face. Hole pattern seals have
been found to reduce leakage and destabilizing cross-coupled stiffness forces in gas seals
[124, 135, 140, 164, 166, 169], therefore it will be interesting to see how they compare to
plain annular seals in a liquid or GEL environment, particularly as the gas phase
separates from the GEL as the pressure drops across the seal face. The hole geometry
includes a 0.125” outer diameter, a 0.125” depth, and a 0.017” material gap between the
edges of each hole pair. These design parameters are based on a standard design reported
by [143] for a hole pattern seal, resulting in a 70% hole coverage for the seal by surface
area.

As the test rig was being designed, the expected performance of the seals needed to
be known to ensure that many of the other test rig components (motor, rotor, seal
clearance, pumping system, flow meters, etc.) were being sized correctly. To predict the
performance of the test rig seals for these design purposes the computational fluid
dynamics software package ANSYS CFX was used to analyze a scenario that would
produce some of the highest leakage, power loss, and destabilizing rotordynamic
characteristics of the seals and conditions expected to be studied with the test rig. This
“worst-case” scenario involved modeling the plain annular seals as these seals are
expected to produce the highest leakage rates of the seals analyzed. A large pressure
gradient of 856 psi absolute was used to simulate a 20% carbon dioxide mass fraction in
the lubricant which would also produce high leakage and significant destabilizing cross-
coupled stiffness forces. A single-phase liquid was assumed in the modeling approach as

well to both simplify the analysis and produce some of the largest of the destabilizing
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stiffness forces expected. A 10,000 rpm rotating speed was also used to maximize
leakage, power loss, and cross-coupled stiffness values.

The leakage results of this simulation produced a value of approximately 1 gpm per
seal. This result revealed that the GEL supply system was properly sized to deliver
enough fluid to the test section, resulting in measured leakage rates that will not be
limited by the capacity of the supply system. The power loss of the seal was estimated at
approximately 6 hp. Accounting for two seals as well as a factor of safety, the 18 hp
spindle motor was chosen for the seal test rig. The synchronously reduced stiffness and
damping coefficients (Figure 6.6) produced large values of stiffness due to the small
clearance, high speed, incompressible fluid, and large pressure drop chosen. Of particular
concern were the extremely large cross-coupled stiffness terms, though it is emphasized
that these are likely much higher than that of an actual GEL due to the multi-phase nature
of a GEL expanding across a seal face. However, these coefficients were useful as they
could be considered to be a worst-case scenario for the rotordynamic analysis discussed

in the following section.

Ky =42,7541bfin  C, =1,298 Ib-sfin
Ky = 2,926,455 Iofin  C,, = -330 Ib-sfin
K,y = -2,926,455 Ib/in  C,, = 330 Ib-s/in
K, =42,7541bfin  C, =1,298Ib-s/in

Figure 6.6. Stiffness and damping coefficients for the plain annular seal at 10,000 rpm.
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6.3 Rotordynamic Analysis

After completing the seal design analysis, a rotordynamic analysis of the seal test rig
was performed to ensure its proper design and performance for the operating speeds
considered. The test rig was designed in a manner that would hopefully result in the first
critical speed being encountered above the operating range of the machine. By doing this
any excessive vibration or rubbing in the seal areas could be avoided. The design
parameters that resulted in raising this first critical speed include a larger shaft diameter
and the use of highly stiff ball bearings. Locating the ball bearings as close to the center
of the shaft as possible also resulted in a higher first critical speed.

In beginning the rotordynamic analysis, a series of simulations were first carried out
to pinpoint the location of the first critical speed while neglecting seal effects as well as
to verify that the rotordynamic finite element model used was built correctly. To do this,
the analysis was performed using both the commercial ANSYS Mechanical finite
element analysis software as well as the rotordynamic finite element analysis code
described in section 3.2.3. The results of these two analyses produced first critical speed
values of 51,856 rpm and 48,954 rpm, respectively, showing that the design approach
was effective in raising the location of the first critical speed. A relative error of 5.6%
between the two methods also produced confidence that the analysis was performed
correctly.

The second step of the rotordynamic analysis was to include the effects of the seals to
evaluate their effect on the location of the first critical speed. To do this, the seal
coefficients produced from the CFD analysis described in section 6.2 were added to the

rotordynamic finite element model. A second CFD analysis was also performed at higher
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speed to produce another set of seal coefficients. The results of the two analyses were
then fit using linear interpolation so that the stability analysis could be performed at
multiple speeds as the speed analyzed can affect the vibration frequencies predicted.

The results of this analysis are shown with a Campbell diagram in Figure 6.7. These
results show how the worst-case scenario seal coefficients reduce the location of the first
critical speed to approximately 12,000 rpm. While it is likely that the effects of the seals
will not be this severe, it is important to know what their potential effects could be under
the harshest of operating conditions. It is because of these results that initial experiments
will likely only be performed at speeds up to 10,000 rpm. Though the rotordynamic
performance of the test rig will depend on a number of factors including the fluid
analyzed, pressure drop, seal design, and speed, great care must be taken when operating
the test rig with high pressure liquids, especially at higher operating speeds. However,
future modeling analyses that are planned to coincide with test rig experiments should aid
in further predicting the rotordynamic performance of each set of experiments. This will

allow for the safe operation of the test rig during all of the experiments performed.
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Figure 6.7. Campbell diagram of the frequency response of the GEL seal test rig.

6.4 Test Section Finite Element Analysis

To ensure that the test rig was properly designed for the design pressure of 1,500 psi,

a finite element analysis of the test section was carried out using the ANSYS Mechanical

commercial software. The finite element model of the test section is shown in Figure 6.8.

To simulate the pressurized test section, a 1,500 psi pressure was applied to all of the

inner surfaces of the test section. The pressure drop across the seals was then modeled by

applying a pressure drop across the seal from 1,500 psi to atmospheric pressure. Bolt

pretentions were applied to the axial connecting bolts in accordance with [117]. Gravity

forces were applied to the entire model as well. Boundary conditions included fixed
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displacements along the bottom of the support structure, bonded contact surfaces between
the bolt heads/threads and contacting surfaces, and sliding friction contact surfaces
between the central housing and the seals. The materials assumed for the analysis include

a 316 stainless steel for the housing and seals along with Grade 8 bolts.

Figure 6.8. Finite element model of the GEL seal test rig test section.

The peak stresses in the test rig were found to occur in the bolts connecting the seals
to the central housing (Figure 6.9). These stresses peaked at values near 85,000 psi
generally, though the model predicted higher values at select elements on the bolts, most
likely due to the mesh used. These results were sufficient to conclude that the high-
strength Grade 8 bolts selected for the test rig would be adequate for the design pressure.
Bolt fatigue calculations were also performed, ensuring that the bolts selected will last for

at least 11,000 cycles.
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0.00096347 Min
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Figure 6.9. Peak stresses in the test rig bolts.

Peak stresses in the central housing were found to occur in the bolted joints (Figure
6.10). Stresses in these joints were found to reach their maximum at approximately
54,000 psi. The peak stresses in the seals were also found to occur in the bolted joints
underneath the bolt heads (Figure 6.11), with maximum values also reaching
approximately 54,000 psi. This led to the conclusion that a standard 316 stainless steel
would not suffice as its yield strength is approximately 30,000-35,000 psi, thus a high-
strength 15-5 precipitation-hardened stainless steel was selected as the housing and seal
material to ensure both proper material strength and resistance to corrosion in the carbon
dioxide environment. Similar to the results of the bearing test rig finite element analysis,
the peak deformations and separations were also predicted to be very small, though the

use of PTFE gaskets will help to ensure no leakage between the bolted joints.
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6.5 Base Modal Analysis

A modal analysis of the test rig base and support structures was also performed to
ensure that no structural vibration modes would be encountered in the operating speed
range considered. After importing the 3D solid model to ANSYS Mechanical, the
concrete base and carbon steel plate and stand materials were entered and the densities of
the supporting stands were modified to account for the weight of the test section. The
results of the analysis are shown in Figure 6.12. These results confirmed that the first
structural mode was outside of the operating speed range (609 Hz or 36,563 rpm). This

was largely due to the high stiffness properties of the concrete base.

CANSYS

Noncommercial use only

52317
0.014759 Min

0.00 800.00 {(mm) Q—L %
L S—

400.00

Figure 6.12. Modal analysis of the test rig base and support structures.
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6.6 Lubrication System Modifications

The GEL delivery system that will supply pure oil, GELs, and other fluids to the test
section of the seal rig is the same lubricant supply system described in section 5.4.
However, as that system was designed to provide back-pressure to the entire test section,
modifications had to be made to the supply system in order for it to supply high-pressure
fluids only to the inlet of the test section while providing as little back-pressure as
possible to the outlets of the seals. This will then allow for a dramatic drop in pressure
across the seal face and adequate collection of the seal leakage from the outlet ports in the
seals.

The modified GEL supply system (Figure 6.13) includes the addition of a bypass line
that is connected to both the test section inlet and the adjustable cartridge relief valves for
providing back-pressure to the inlet. An additional pressure gauge and flow meter on this
line will allow for monitoring of the inlet pressure as well as the precise calculation of
fluid leakage through the seals in the test section. The outlets of the seals are then directly
connected to the drainage line on the low-pressure side of the relief valve manifold via a
tee fitting which will minimize back-pressure to the seal outlets while still allowing for

further degassing, filtering, and temperature control of the oil circulating in the flow loop.
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Figure 6.13. The modified GEL supply system for the GEL Seal Test Rig.

6.7 Data Acquisition and Instrumentation

The data acquisition system for the GEL Seal Test Rig will be similar to that of the
system designed for the bearing test rig (section 5.5). The main acquisition system will
consist of an 8-slot chassis supplied by National Instruments, a series of input and output
voltage and amperage modules for receiving input signals and sending control signals to
equipment, and a computer equipped with the LabView data acquisition and control
software package.

In addition to pressure and temperature gauges and measurements logged at various
stages of the GEL supply system, the test section will be equipped with six pressure

transducers (Omega Engineering) and four K-type thermocouples (Omega Engineering)
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for measuring pressure and temperature distributions along the seal faces as well as
pressures in the seal outlet areas. Two flow meters (Hedland H600 Series) in the fluid
supply system will allow for the calculation of seal leakage in the test section. The power
loss in the test section will be calculated by multiplying the operating speed by the
measured torque of the system. Torque will be measured with a torque transducer
(Interface T4 Series) positioned between the motor and rotor couplings with an expected
torque range of up to 30 N-m. This value was determined using model predictions and an
adequate factor of safety. The LabView-equipped computer will then collect and store all
of this information while providing output control signals to the carbon dioxide mass
flow controller, the first-stage gear pump variable frequency drive, and the variable

frequency drive of the test rig motor.

6.8 Summary

A Gas-Expanded Lubricants Seal Test Rig has been designed and assembly is
currently underway. This test rig includes a versatile test section capable of testing many
interchangeable seals under a variety of pressure conditions and with a variety of liquid,
gas, and multi-phase fluids. All of the ancillary components for the system have been
specified, received, and installation will be completed in the near future following
modifications to the test facility. A number of performance, finite element, and
rotordynamic analyses have been performed to ensure its proper design and operation. It
is hoped that this unique test rig will not only allow users to continue answering

important questions surrounding the use of high-pressure seals with gas-expanded
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lubricants, but that it will also serve as a useful platform and validation tool for years to

come in the general experimental research of liquid, gas, and multi-phase seals.
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Chapter 7

Conclusions and Future Work

7.1 Summary and Conclusions

A novel lubrication technology in the form of gas-expanded lubricants has been
proposed and studied in detail. Previous knowledge of standard and emerging
technologies has been reviewed and the limitations of these technologies have been
outlined. Gas-expanded lubricants stand to provide benefits that none of these other
technologies offer including increased efficiency, reliability, and control without
comprising other important machine lubrication considerations such as load capacity.

The first important contribution of this work has been to build upon previous
knowledge of the properties of lubricant-carbon dioxide mixtures. A library of viscosity
data has been created along with new knowledge on the diffusivity, thermal conductivity,
and thermo-oxidative stability of these mixtures. This new knowledge then allowed for
the accurate prediction of the performance of these fluids in numerous bearing designs

and machine applications. It was concluded that in many applications these lubricants
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significantly increase bearing efficiency, reliability, and have the potential to provide for
real-time control over machine rotordynamic stability. Effects on the peak displacements
of unbalanced machine rotors were found to be minor, though when altered in
combination with other bearing design parameters the lubricant properties were found to
affect peak displacements in a significant enough manner to remove a rub impact from a
system encountering a severe rub due to a large unbalance. These new approaches to
improving machine performance could be very beneficial to an industry that is constantly
striving to build more efficient and harder driven machines for energy production and
resource transport.

Another important contribution of this work is the development of designs compatible
with these moderate-pressure, tunable lubricants. New bearing housings and lubrication
systems have been designed and a fully controllable lubrication system has been received
for use with a versatile seal test rig that will be used to study GEL-compatible seals as
well as a variety of other high-pressure liquid, gas, and multi-phase seals. Overall, this
body of knowledge will build the foundation for future commercial development work

that will deliver this novel lubrication technology to the turbomachinery industry.

7.2 Future Work

As with any technological development work, there are always more questions to ask,
alternative paths to consider, and desires to further improve the performance of that
technology. The following sections offer suggestions and ideas for future work that could
be performed to answer new questions surrounding the use of gas-expanded lubricants.

These ideas will also look to explore alternative designs that may improve the
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performance of these fluids or make them more feasibly implemented in real-world
applications. They will also call for the need to begin collaborating with the industry this
technology is targeting in order to be able to answer important design and application-
based questions that are too difficult to assess in a comprehensive manner in a purely
academic setting. It is the hope that this future work will then lead to the development of

the first prototypes of this potentially groundbreaking technology.
7.2.1 Seal Testing and Model Validation

The first recommendation for future work is to complete the assembly of the GEL
Seal Test Rig. At the time of this writing all of the components for this test rig have been
received, with only facilities work remaining as the final hurdle to allowing experiments
to commence. A great deal of work and resources have been put into this test rig and it
will serve many future students well as they study a variety of seal designs for various
machine applications.

The GEL Seal Test Rig will provide a plethora of new information to academic
researchers and industry designers alike. From the perspective of further developing the
GEL technology, the knowledge gained from this test rig will determine the types of seals
that will be compatible with GELs, as well as what types of seals will be the most
appropriate for various sets of application needs and constraints. This knowledge can
then lead to the confident design of machines that are fully compatible with the GEL
technology as well as easier identification of applications where this technology would be
the most beneficial.

From the perspective of designing better seals for the turbomachinery industry, this

test rig will allow for the successful experimental testing of a wide range of seal designs
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more commonly used by this industry. These seal designs include both low-pressure and
high-pressure seals, as well as those used with pure liquids, pure gases, and multi-phase
mixtures. As increasingly powerful predictive analysis and design tools are being
developed for the industry, it will be vital that these tools are validated for a wide range
of designs and operating conditions.

This test rig has a lot of potential for improvement as well. Though it currently has
the ability to provide important validation and performance information on
pressure/temperature distributions, power loss, and leakage, other instrumentation could
be added to the test rig to increase its value as well. These enhanced capabilities could
include the ability the measure friction factors that are important to widely used bulk flow
analysis tools, as well as the ability to experimentally measure seal stiffness and damping
coefficients that are extremely important for machine rotordynamic analyses and analysis

code validation.
7.2.2 Alternative Design Analysis

Throughout this work, one of the most fundamental assumptions that has been made
about the GEL technology is that a fully flooded lubrication approach must be used to
ensure that this technology could be feasibly implemented in a manner that did not
deliver complex behaving, multi-phase fluids to the support region of the bearing. While
at a first glance a fully flooded delivery would be the most reliable way of ensuring this
successful implementation, it is also believed that alternative approaches to GEL delivery
in bearings should be considered.

Two of the leading alternatives to flooded-lubrication bearings in use by the industry

today include directed lubrication designs (including leading-edge groove pads and spray
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bar blockers) and hydrostatic bearings. The benefit of directed lubrication is that the fluid
is only delivered to the fluid film region of the bearing, further reducing both bearing
power loss and hot oil carryover while maintaining adequate support for the shaft, though
this technology comes with no tunable control over the bearing performance. The
benefits of hydrostatic bearings include being able to use process gases as lubricants as
well as having the capability of supporting heavy loads under low-speed conditions due
to the large hydrostatic pressures of the supply fluid while allowing the fluid to expand
upon leaving the support region, thus not requiring the use of high-pressure bearing seals.
This technique, however, is not used for the real-time control of bearing and
rotordynamics either.

One alternative approach to the flooded delivery of GELs in bearings would be to
utilize the design and benefits of both of these established approaches to bearing
lubrication. If one could deliver a pressurized, single-phase GEL directly to the fluid film
region, this would still allow for the use of a tunable lubricant in this most important
region of the bearing while eliminating the need for a pressurized bearing housing and
high-pressure seals. The fact that the fluid film region is the location in the bearing with
the highest pressures would help to ensure a single-phase fluid, and allowing the
expansion of the fluid in the divergent region of the bearing would also provide
additional cooling in what is often the warmest location of the bearing. The challenge
would then be to adequately collect the separated carbon dioxide in the system for
recompression and reuse so that large amounts of carbon dioxide would not be required
for this approach. However, it is likely that these separation and collection technologies

already exist for use in enhanced oil recovery and other applications of similar nature.
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It is therefore proposed that future work include the study of this alternative GEL
lubrication approach. The use of a combined computational fluid dynamics-finite element
analysis approach in commercial software available such as ANSYS will allow for a
thorough analysis of this approach, taking into account the fluid phase behavior,
diffusion/mixing, and thermal expansion of the carbon dioxide while allowing for the
calculation of effects on bearing power loss, operating temperature, and the potential
control over bearing stiffness and damping coefficients. If the results are promising, this
approach could then be proposed as one that could easily be implemented using a

combination of already established bearing designs and lubrication technologies.
7.2.3 Systems Analysis

Up until this point, gas-expanded lubricants have been studied for their potential
effects on bearing and rotordynamic performance, and so far the results have been
promising. However, due to limited data in the academic literature it has been difficult to
assess some of the other important aspects of implementing the technology. These other
considerations include implications for the design of bearings, bearing housings, seals,
lubrication systems, and other components in real machines used for very specific
applications. These design implications then have direct impacts on other factors that
need to be considered such as operational control, machine performance, and the cost of
implementation. As these factors are likely the determining factors as to whether or not
this technology will ever actually be implemented, it is of upmost importance that they be
considered in future system-level analyses.

For example, it has been shown that the effects of lubricant properties on bearing

efficiency can be quite significant, with a 40% reduction in bearing losses found with the
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use of GELs in the centrifugal compressor discussed in section 3.3. However, this raises
the question of how these efficiency gains in the bearings compare to the efficiency of the
entire machine. Due to a lack of information on the power usage of the machine, the
types of lubrication systems used or needed for normal and GEL-lubricated conditions,
and the types of bearing seals required for each lubrication condition, this becomes a
difficult parameter to quantify. Under best-case conditions, if one were to assume that
changes in lubrication system power usage and seal power loss were negligible, and that
the power consumed by the compressor was in the 5-10 MW range based on the rotor
size and number of stages, the 5.58 kW gain in total bearing efficiency would result in a
machine-level increase in efficiency of 0.05-0.11%. While this result is promising as
even small efficiency gains can result in valuable long-term returns in cost savings, under
a worst-case condition one could argue that the high-pressure oil pumps and oil seals
required for the GEL technology would likely result in a net loss in efficiency for the
machine. Again, these scenarios are extremely difficult to quantify, but this example
highlights the importance of having detailed information on the designs of the machines
being considered for this technology in being able to quantify both the costs and benefits
associated with its use.

Because of these important considerations, it is proposed that future system-level
analyses be performed that are more comprehensive in nature, considering all of the
design, performance, and economic factors listed above. However, due to the limited
availability of the information required to perform such an analysis, it is proposed that
this work be carried out in collaboration with interested parties in the industries in which

this technology could be useful. Only by sharing important design, application, and cost
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information between researchers and industry designers and end users will an analysis of
this type be able to be performed in a comprehensive manner that will result in the
identification of feasible applications in which this technology can be successfully
implemented. Analyses of this type could then result in the rapid development and use of
the GEL technology in the applications and industries that have been identified as targets

for its beneficial use.
7.2.4 Prototype Development

No new technology can be trusted for use by the general public until adequate proof-
of-concept work has been carried out. It is therefore proposed that as a final stage of the
future work proposed that a fully controllable, GEL-lubricated prototype be developed
and operated to demonstrate the full capabilities of this technology to the private sector.
This prototype would be developed upon completing the preceding analyses described in
this chapter and would stand to benefit greatly from their completion. Should it be
determined that a flooded-lubrication design would be the most feasible form of
delivering GELSs to bearings in a controllable manner, the results of the GEL seal testing
will be vital to the successful development of a prototype. However, should an alternative
design such as the one proposed in section 7.2.2 be deemed the most feasible for
implementation of the GEL technology, the information from that analysis will then serve
as the basis for providing the first demonstration of that approach. The systems analysis
will also be extremely important to determining viable applications for the GEL
technology and will influence the design of the initial prototype. This demonstration will
then not only provide a technical proof-of-concept to designers and end users, but it will

also demonstrate how to implement the technology in a manner that is both compatible
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with existing machinery and in a manner that is cost effective. Overall, it is the hope that
all of the future work proposed will further aid the academic and industrial communities

in realizing the full potential of the gas-expanded lubricant technology.
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