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Abstract

In industrial machinery, fluid-film bearings are used to support high-speed rotating
masses in a low friction environment. As technology progresses, the need for higher
machine speeds and loading conditions is a driving factor behind many cutting edge
designs. Accurate knowledge of fluid-film bearing stiffness and damping coefficients
can assist in vibration analysis to prevent a dangerous, costly, and time-consuming
machine failure. Test rigs have been developed throughout the past three decades
with the sole purpose of identifying these coefficients experimentally, however there
is a need for higher accuracy measurements. The effective determination of fluid film
bearing force is a necessary precursor to making accurate dynamic coefficient mea-
surements, particularly at high frequencies. Current methods of force identification
are indirect and subject to significant errors that compound at high frequencies to

render these measurements inaccurate.

The “Active Load Cell” is a new experimental method of determining fluid-film
bearing force without the need for inertial correction. A control algorithm works in
conjunction with accelerometer readings and an electrodynamic shaker to adaptively
cancel the motion of the bearing housing. This measurement method has the potential
to determine bearing forces directly, to a higher degree of accuracy than previous
force identification methods. This research details the development and simulation
of an Active Load Cell Test Rig, which will be used to validate this concept prior
to implementation within full-scale equipment. The results documented here suggest
that bearing force amplitude and phase can be determined within 1% of true values

across a wide range of test frequencies, stiffness, and dynamic loading conditions.
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1 Introduction

Across a wide array of applications, rotating machinery is utilized to convert rotating
inertial energy into work. In the case of pumps, compressors, and engines, this work
may be the transport or compression of a fluid. Generators or wind turbines my
have the goal of generating electricity. Other applications feature the conversion of
rotational motion to linear motion to actuate or drive a mechanism. In all of the
above cases, rotating machinery relies on bearings to support the rotating shaft in a
low friction environment. Bearings come in a variety of forms, but the majority of
bearings can be categorized as either rolling element or fluid film bearings. Rolling
element bearings feature a set of rolling elements between two running surfaces called
races; these components offer a balance of efficiency, cost, and durability, however the
cyclic stresses limit their capabilities in highly demanding applications. For applica-
tions that involve high load, speed, accuracy, and low friction operation, fluid-film

bearings are often a better choice.

Fluid-film hydrodynamic bearings support the rotating mass on a thin lubricating
film. Multiple geometry types exist, from basic cylindrical plain bearings to common
tilting-pad bearings, which allow for the flexure of multiple bearing lobes to compen-
sate for differing pressures within the fluid film. They also provide damping capabil-
ities which help to reduce vibrations in rotating machinery that may occur. These
types of bearings are the focus of many academic and industrial research projects, one
of which is the Fluid-Film Bearing Test Rig (FFBTR) at the University of Virginia
which will be referenced frequently throughout this paper.



1.1 Motivation

As technology and innovation progresses, rotating machinery operates at more de-
manding speed and load conditions. Higher rotational speeds allow for increased
machine efficiency and higher power density. Some particular areas of advanced
equipment design are in the petrochemical, oil and gas, and power generation in-
dustries. Oftentimes these ultramodern machines operate above one or more critical
speeds or natural shaft frequencies, necessitating the need for advanced rotordynamic
modeling studies. At very high speeds, the bearing fluid film may be in the turbulent
regime which is difficult to fully analyze [2]. In addition, there is a complex inter-
action between thermal, mechanical and fluid dynamic behavior which is difficult to

accurately model.

Machines typically are subjected to vibration analysis prior to construction in or-
der to analyze dynamics and stability. However, there are numerous challenges in ac-
curately modeling fluid-film bearing dynamics, for example the choice of synchronous
vs. non-synchronous bearing coefficients, which turbulence model is employed, or
which lubrication starvation method is used. All of these choices can severely impact
the results of rotordynamic analysis [3]. Results from thermoelastohydrodynamic
(TEHD) bearing analysis may be inaccurate [4], and an instability mechanism may
be missed until it is encountered on the actual machine during the testing phase. This

can result in a catastrophic failure and/or the need for a very expensive redesign.



Fluid-Film Bearing Test Rig The need for accurate fluid-film bearing properties
gave birth to a research objective to develop a test facility that would be able to de-
termine fluid-film bearing dynamic coefficients accurately, so that this data could be
used by manufacturers and end-users to analyze their equipment and not encounter
unsafe and costly downtime. A tabulation of fluid-film bearing coefficient determina-
tion endeavors and their uncertainty ranges are well documented in an article by T.
Dimond et. al. in [5]. Within the Rotating Machinery and Controls Laboratory at
the University of Virginia, there has been an ongoing fluid-film bearing test program
for over three decades. This process began in 1985 and is detailed in a dissertation
by L.J. Read and R.D. Flack, in “The Design and Implementation of a Fluid-Film
Bearing Test Rig” [6].

Figure 1.1: Fluid Film Bearing Test Rig design at the Rotating Machinery and
Controls Lab at the University of Virginia (2011)



The newest fluid-film bearing test rig design began development in 2008 by T.
Dimond, R. Rockwell, P. Sheth, and P. Allaire [3]. This rig is similar in construction
to a rig design by Knopf and Nordmann in 2000 [7], but with higher operational
load and speed capabilities. Full development of the FFBTR, in 2011, is covered in
“Modeling of Fluid-Film Bearings and Design of a Fluid-Film Bearing Test Rig” [2].
Currently, the development of the Fluid-Film Bearing Test Rig is being headed by
B. Schwartz, R. Fittro, and C. Knospe at the University of Virginia. Information on
the development of this rig can be found in on the ROMAC Website [8].

Challenges The development of a high speed, high load fluid-film bearing test rig
has not been without its challenges. Most notably, a consistent downfall to FFBTR
development is the fact that bearing coefficients can not be measured directly; rather,
they are derived from a series of other measurements based off of an applied dynamic
load [9]. Typically in the test rigs, shakers are used to perturb the bearing housing
while the shaft is rigidly held by ball bearings. Stiffness and damping coeflicients
can then be identified from dynamic force and displacement measurements [10]. A
thorough overview of how uncertainties in force measurements affect the accuracy of

the derived coefficients is documented by Kostrkewsky & Flack in [11].



At the time of the development of the FEBTR at the University of Virginia in 2008,
two force measurement methods were being considered as part of this identification
process. The first, as documented by Zutavern and Childs [12] utilizes fiber optic
strain gages on the magnetic bearing poles and infers the applied force from the
strain. The second is a technique studied by Knopf & Nordmann [7] / Aenis &
Normann [13] and measures magnetic flux in the bearing poles to infer force. Other
methods, such as identification with piezoelectric load cells [14], [15] and empirical
formulae that relate magnetic bearing current to applied force [16] have been used.
The common factor between all of these force determination methods is that they
are all indirect; meaning the bearing force is estimated through other equipment or
a mathematical process, which may have errors that render these estimates to be

significantly inaccurate, especially at higher frequencies.

Introduction to the Active Load Cell No test rig to date has employed a direct
method of measuring bearing force, leaving an opportunity for a new technology with
this purpose. If bearing force can be measured directly, the compounded errors from
other sources of measurement would be eliminated, and force measurements would
be substantially more accurate. The Active Load Cell (ALC) is a new experimental
method that aims to fill this void in force identification. Further sections will fully
cover the ALC’s theory and operation, but generally speaking, it relies on applying a
dynamic force to the fluid-film bearing housing directly and monitoring the resulting
housing acceleration. A controller can adaptively balance the bearing force through
an iterative force identification process. The FFBTR can be modified to accept this
setup and have its identifications improved by this technology. Prior to implemen-
tation, however, the aim is to validate this concept by analyzing its effectiveness in
a controlled and separate setting. Thus there is a need for a new test rig, the Ac-
tive Load Cell Test Rig (ALCTR), which will be a standalone study in observing the
effectiveness of the ALC and identify challenges or downfalls with its design.



1.2 Objectives

The primary objective of this project is to determine the capability of the ALCTR
to accurately identify fluid film bearing force amplitude and phase, across a range
of test frequencies, dynamic excitation forces, and bearing stiffnesses. Confidence
bounds can be developed on the rig’s ability to make these identifications under a
variety of systematic error sources and draw conclusions as to whether pursing the
Active Load Cell as a viable source of force measurement is plausible. The degree of
accuracy to which we can determine bearing force can be utilized in FFBTR models
to make a more insightful prediction as to the types of errors that can be expected
when determining bearing stiffness and damping coefficients. The target accuracy for
force amplitude determination is 4/- 1% of the true value and +/- 1 degree of force

phase.

1.3 Organization of this Thesis

The development of the Active Load Cell test Rig was done from the ground up, and
as such involved a constant back-and-forth iterative process between physical system
modeling and component simulation. For that reason it is difficult to create a concise
workflow. This thesis is presented in the following format for ease of readability, but

all work was not necessarily done in a linear fashion.



Section 2 gives a background on the physical relationship between bodies subjected
to external forces and vibrations in the most general sense. This section is provided
to illustrate the theory behind the operation of the Active Load Cell, and provides
the backbone for the future sections. Section 3 goes through the development of
solid body modeling. This section comes before Simulation modeling because the
development of coordinate frames and component interconnectivity is crucial to the
understanding of the simulated environment. Section 4 comprises the bulk of this
thesis, and goes into detail regarding component simulation, control schemes, data
flow, and error modeling. Finally, section 5 presents the results of these simulations
along with commentary on the efficacy of the Active Load Cell concept, its ability
to meet the predetermined goals, insights into data trends or model inaccuracies,
and future advancements that can be made in the continuing effort to develop this

particular test rig.



2 Theory

2.1 Active Load Cell Concept

The primary goal of the active load cell is to provide a direct way of measuring bear-
ing force without the need for inertial correction. This new method primarily relies
on balancing dynamic forces on solid bodies and observing the acceleration over time.
A look at several spring-mass-damper systems will serve as an introduction to the

Active Load Cell’s operation.

2.1.1 Physics

To understand the theory behind the Active Load Cell’s primary operation, a New-
tonian approach can be taken to analyze the system from a physics perspective. The
study of fluid-film bearings and traditional vibration analysis are closely intercon-
nected because fluid-film bearings behave similar to spring-damper systems under
dynamic loading conditions. Understanding the response of a mass-spring-damper

system can help develop more accurate dynamics for an entire rotating system.

F,

ext

1 I -
kg@

Figure 2.1: Diagram of a simple spring-mass-damper system

Example 1: Single Mass System Figure 2.1 shows a simple spring-mass-damper
system along with a reference coordinate. The equation of motion for this system is

defined by the general form in equation 2.1.



mi = —F... —ct — kx (2.1)

Where k is the stiffness constant of the spring, in N/m, ¢ is the damping coeffi-
cient, in Nm/s, and m is the block mass, in kg. = gives the block’s vertical position

in m, & is the velocity in m/s, and # is the acceleration in m/s?.

Xy c1(ky —%1)  ka(xy —x1)

ITI g ;
m m;
[ xz ‘ |
; ci(k2 —%1) k(2 —xp) —Coty —haXa
(a) Two-Mass system (b) Free-body diagrams of each mass

Example 2: Two-Mass System Figure 2.2a shows the same spring/damper sys-
tem placed between two masses. The reference positions of each mass are shown along
with a coordinate system convention. Forces from the spring and damper act between
the two masses; spring force F} is in proportion to their relative displacement, and
damping force F is in proportion to their relative velocity. Free body diagrams for

each mass are shown in figure 2.2b.

Example 3: Two-Mass System with External Forces Consider now the same
two mass system as in Example 2, but instead it is being affected by external forces
Fy and Fy, as in figure 2.3. The equations of motion for the two masses in this system

can be written as equations 2.2 and 2.3.



X2

£

Figure 2.3: Two mass system with external forces

miiy = —Fy+k(ry —x1) + c(dy — 3) (2.2)

Mmaity = Fy — k(2o —11) — c(dy — a1) (2.3)

As a shortcut, we can establish a new force, F},, and define this as Fj, = k(xg —
x1) + ¢(#9 — #1). This force can be a basic representation of a fluid-film bearing

connecting the two masses. F; and F5 are external forces, and as such:

R+ F (2.4)

my

m2i‘2 = —Fb+F2 (25)

By observation, when the acceleration of a particular mass, say ms, is exactly
zero, that is, &y = 0, the forces acting on the body, F;, and F, would be equivalent. It
is also important to note that in this case the value of Fy can be determined without
any knowledge of F} if we know our input force Iy exactly. Therefore by controlling
external force Fy and observing the acceleration %o we have all of the information we

need to draw an accurate inference as to the value of Fj,.
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Figure 2.4: Fluid-Film tilt pad bearing, taken from the Pioneer Motor Bearing
website [1]

Generally, in rotating machinery, the fluid-film bearing is situated between the
rotor, which is a rotating mass, and a housing, which is static. The bearing force acts
between these components, similar to Fy in figure 2.3. If we treat the rotor as mass
my and housing as mass ms, this model becomes a basic representation of a cross-
section of a rotating machine. The load on the rotor will have static and dynamic
components due to equipment weights and imbalances, so we will need to expand the
definition of applied forces. The true forces present on the rotor mass as a function

of time are given by equation 2.6.

Fi(t) = Fy + Ay cos(wpt + ¢p) (2.6)

Here:

A, is the dynamic force amplitude, in N.

w, is the frequency, in rad/s.

¢, is the phase, in rad.

F, is the static loading condition, in N.

11



The force required to bring the acceleration of ms to zero will also be dynamic in
nature. The spring and damping coefficients of the bearing force will contribute to a
change in amplitude and phase, however the applied frequency will be the same due
to the conservation of energy. This external force that has the purpose of driving the
acceleration to zero in attempt to make a force identification will be referred to as

the cancellation force.

Dynamic Force Production In order to effectively produce a cancellation force
at the test frequency, a mechanism capable of providing dynamic load to a high degree
of accuracy and controllability is required. The most appropriate choice for this task
is an electrodynamic shaker, shown in figure 2.5. These shakers are widely used in ex-
perimental test rigs in many applications, such as structural testing of buildings, shock
loading on mechanical assemblies, and cyclic fatigue testing of materials. There are

multiple sizes available, each with a force range and operational frequency bandwidth.

Figure 2.5: Two types of permanent magnet electrodynamic shakers, from Sentek

Dynamics

12



These shakers operate by using electromagnetic induction. A wire is wound around
a cylindrical coil that is part of the shaker armature and elastically suspended in a
radial magnetic field. This results in an axial force acting on the armature in pro-
portion to the applied current. The suspension holds the coil concentric within the
magnetic field. It allows the armature to move a limited distance axially relative to

the shaker body (displacement stroke), as depicted in Figure 2.6 [17].

; / et Fiexures.

| ‘ /’rﬂn Pole

I

ba(;u -
g

Magnetic Flux Path
o Voice Coll

Figure 2.6: Components of an Electrodynamic Shaker, from Sentek Dynamics

This means that the dynamic force on the bearing housing can be precisely tuned
by adjusting the phase and magnitude of the current into the shaker. The highly
linear relationship between applied current and output force make these actuators
ideal in critical applications where accuracy is imperative. These parameters can be
adjusted using a controller that aims to adaptively cancel the effects of acceleration
on the housing, as read by a sensor, in this case an accelerometer. More detail on the

control system to accomplish this is covered in section 4.

2.1.2 Implementation within the FFBTR

A simplified schematic of the Fluid Film Bearing Test Rig is shown in figure 2.7a and

consists of the following components:
o A steel rotor
e A fluid-film bearing, situated in a housing

13



AMBs for static loading
AMBs for dynamic loading Fluid Film Bearing

Shaft

Current Sensor

/

Accelerometer

Array of supporting

Fluid-Film Bearin
g magnetic actuators

. Electrodynamic Shaker
Electrodynamic shaker

(a) FFBTR (b) Active Load Cell assembly

Figure 2.7: Major System Components

e Active magnetic bearings to provide a dynamic excitation on the rotor
e Active magnetic bearings to provide a static load on the rotor

e An array of magnetic actuators supporting the bearing housing. These will

stabilize the system in planes that are not being tested.

As mentioned in the introduction, in the past, dynamic stabilization on similar
test rigs has been done through the active magnetic bearings. The forces these bear-
ings apply was inferred through other measurement methods and not determined
directly. The addition of an additional component, the electrodynamic shaker, is
where the application of this experimental concept begins. This shaker is responsible

for providing dynamic, adaptive cancellation forces directly on the bearing housing.

What is considered the Active Load Cell in relation to the FFBTR is shown in
Figure 2.7b. This is comprised of the aforementioned shaker affixed to the bearing
housing. The addition of (one or more) accelerometers on the bearing housing and
current sensor on the shaker will complete the equipment necessary to build a con-
troller to adaptively alter the effective cancellation force on the assembly. The control

scheme follows that of a typical feedback control system, shown in Figure 2.8.
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Figure 2.8: Feedback control system of the active load cell

The acceleration error is fed into the controller, which varies the current into the
shaker. The altered force amplitude and phase attempt to drive the acceleration
to zero, which is monitored by the accelerometer mounted to the fluid film bearing
housing, and fed back into the control loop. More detail on the control system,

including the algorithms applied, are covered in section 4.5.

2.2 Development of Experimental Test Rig

It would be a significant risk to modify the existing foundation to apply the ALC
setup to the FFBTR without truly knowing its capabilities. For that reason, we want
to develop a standalone test rig that can validate this concept. This controlled setting

will allow the system capabilities, challenges, and downfalls to be identified.
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The design of the active load cell test rig will feature components to replicate those
that are involved in the FFBTR without rebuilding the entire complex structure. An
initial mockup of this system was developed by C. Knospe and R. Fittro in an August
2015 proposal. This design served as a starting point for this Master’s thesis project
and has since been expanded and thoroughly analyzed. The rotor and housing will
be simulated with solid body masses, and the static and dynamic loading will be
provided by a secondary electrodynamic shaker rather than a magnetic bearing, for
simpler construction and controllability. Rather than attempting to analyze a fluid
directly, we will instead use a solid body that has been specially manufactured to
have stiffness and damping coefficient similar to that of a fluid film. The principle of
the operation is the same; this just makes it more accessible to swap out test pieces
and attempt to identify forces for multiple bearing stiffnesses.

Section 3 details the mechanical design and how it is an effective representation

of the simulated system.

2.2.1 Test Rig Overview

The block diagram in Figure 2.9 represents the high-level interaction between the
Active Load Cell test rig components. This block model is helpful in understanding
the construction of the physical rig, as well as the simulation model to be discussed

in later sections.

Interconnectivity The excitation shaker will provide a dynamic force at a given
test frequency, amplitude and bias (simulating a static load). This force will directly
affect the rotor mass. A bearing component, that is situated between the rotor and
housing masses, will provide an equal and opposite force between these bodies as
discussed above. The housing mass will also have an electrodynamic shaker coupled
to it that will provide the cancellation force at the same frequency, but with an

amplitude and phase as dictated by the control loop.
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Figure 2.9: Block Diagram representation of Active Load Cell operation

Control loops The model will feature two independent control loops. The housing
position will be tracked by four proximity sensors, which feed data into a controller
that applies a current to the magnetic actuators. The purpose of this is to stabilize
the platform at all frequencies that are not the test frequency. The second control
loop reads data from an accelerometer mounted to the housing body and uses this
information in the adaptive open loop controller. This controller is responsible for
altering the current into the cancellation shaker to adaptively match the applied
bearing force on the housing at the applied test frequency. The final bearing force

will be in the form of equation 2.7.

Fb(t) = Abcos(wbt + ¢b) (27)

2.2.2 Expected Results

The goals of this thesis are as follows:

e Develop a simulation model that represents the Active Load Cell’s construction.
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e Use this simulation to test and verify the experimental concept.

e Develop confidence bounds on the ability of the rig to accurately determine

bearing force amplitude & phase.

Results that are consistently within 1% of true bearing force will set this method
apart as an excellent and reliable method of force determination. This test rig would
also be versatile in the sense that it could be used for accurate force determination
of any physical component that we can fit in the test bed. This could include thrust

washers, O-rings, and squeeze film dampers.
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3 Test Rig Mechanical Design

Introduction Prior to constructing any sort of simulation, the test rig needs to be
designed from a physical perspective to know how the components should be inter-
connected, and to establish a coordinate and directional system. An early mockup
of an ALCTR was provided by C. Knospe in 2015, and is shown below in figure
3.1. This model provided a rough outline for how the test rig could be constructed,
however this model is conceptual and purely theoretical. The new model that has
been developed for this Master’s thesis provides a more thorough representation of a
physical test rig, and sufficient analysis has been conducted using parameters taken

from the solid model.

Excitation Shaker

“Rotor“

Flexures

Magnetic
Bearing

"Housing"

Mass Cancelation Shaker

Figure 3.1: Conceptual design of a single-axis Active Load Cell experiment,

developed by C. Knospe 2015.
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Another important consideration is the ultimate use of the Active Load Cell within
the fluid film bearing test rig. The development of the ALC and FFBTR are taking
place side-by-side in order to design ALC test rig components to roughly replicate
their respective masses on the full test rig. Initial design analyses of the FFBTR
models the system with the parameters in Table 1. The ALCTR is designed with
these specifications in mind, and as such the rotor and housing masses have a similar

ratio.

Parameter Value
Rotor mass 50 - 60 kg
Housing mass 40 - 50 kg
Bearing stiffness range | 200000-1000000 1bf/in

Table 1: FFBTR Parameters

3.1 Solid Model

2017 Design The most recent mockup of the ALC in its entirety is shown in figure
3.2. All of the solid modeling was done using Autodesk Inventor 2016. This model
reflects all major dimensions and build materials. A general overview of the compo-

nents are provided in the list below.
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Figure 3.2: 2017 Design of the Active Load Cell Test Rig
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Major components are labeled as follows:
e (A): Rotor Mass

e (B): Housing Mass

e (C): Test Bearing

e (D): Excitation Shaker

e (E): Cancellation Shaker

e (F): Electromagnetic Actuators

e (G): Linear Guide Rails

e (H): Foundation & support structure
e (I): Attachments for Housing Flexures

The Rig stands roughly 1.2 m (48 in) tall and can be mounted standalone or
against a wall. The shaker mounting platforms are slotted to easily allow the upper
assembly to be slid upwards to load in a bearing test piece, and lowered back down
and secured into place. This model does not show auxiliary equipment such as data
acquisition hardware. This section goes into further detail on the design of individual

components and assemblies.
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3.1.1 Rotor Mass

Component overview The rotor mass will be directly mounted to the excitation
shaker and will receive excitation forces, both static and dynamic. This part features
a cubic housing with a cylindrical insert which proximity sensors will be pointed
towards in order to more closely resemble true rotor geometry (1). This mass will
only have one degree of freedom, in order to reduce system complexity. It will be
guided in the z-direction by the use of linear bearings (2), which move along solid
shafts mounted to the test rig framework. The top side will feature a mounting bolt
pattern where the stinger of the excitation shaker will attach (3). The underside
features an adapter plate that surrounds the bearing test substrate to prevent it from

dislodging or shifting excessively.

(a) Rotor Coordinate Convention (b) Rotor Assembly

Figure 3.3: Rotor Mass
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3.1.2 Housing Mass

Component overview The housing mass is roughly a rectangular prism, but also
features a wide flange that will provide the surface area for the four magnetic actua-
tors (1). Silicon iron inserts will be set in the aluminum body and secured into place
with a retention bar (2). Like the rotor mass, the housing will feature a bolt pattern
to attach to the cancellation shaker (underside) as well as an adapter plate to capture

the bearing substrate on top (3).

(a) Housing Coordinate Convention (b) Housing Assembly

Figure 3.4: Housing Mass
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The housing mass will also feature two extension arms that match the rotor ge-
ometry (4). Displacement sensors will be mounted in two locations and point in the
+z direction at the rotor. While the primary objective of the Active Load Cell is to
determine fluid film bearing force, by monitoring the relative displacement between
the rotor and housing, we can also analyze the effectiveness of the force estimation in
the determination of the stiffness and damping coefficients by comparing them to the
known true values. The sensor mounting location is slightly inset within the arms to
prevent the rotor from making direct contact with the sensors in the event of user

error.

Because the housing is only controllable in the z, « , and § directions, spring-like
flexures will restrain the housing from moving in uncontrollable degrees of freedom.
These flexures will be attached to the test rig framework. Care must be taken to keep
the effect of z stiffness to a minimum because this can severely impact the results of

the control force.

One (or more) accelerometers will be mounted to the housing body as indicated

by the mounting hole (5).

3.1.3 Bearing

The test subject can be any object that is manufactured to fit in the test rig. The
stiffness of these bearings will be within the rage of stiffnesses of the bearings aimed
to be identified by the FFBTR. The geometries we choose must be simple in order
to conduct an analysis with Finite Element Analysis software, such as ANSYS. They
will likely be aluminum or copper hemispheres (shown in Figure 3.5), arches, or rings.
The simulation results, as detailed in later sections, analyzes the ability of the rig to

identify forces with two different bearing stiffnesses.
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Figure 3.5: Hemispherical test bearing

3.1.4 Framework

The primary purpose of the frame is to contain the horseshoe electromagnets to sta-
bilize the housing platform. These actuators need to be mounted both above and
below the housing, and therefore the frame is divided into upper and lower segments
that effectively clamshells around the housing flange. These two parts will be bolted
together and then secured to the foundation. This setup also allows the gap to pre-

cisely adjusted simply by moving the upper platform up or down.
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(a) Lower Frame Assembly (b) Upper Frame Assembly

Figure 3.6: Frame Structure

Lower Platform The lower frame, shown in Figure 3.6a, contains slots where the
electromagnetic actuators slide in and then are secured with retention plates from
the outside (1). The sensors that provide gap information for the magnetic control
loop are also mounted on the lower platform. These are secured in a mounting block,
which can then be adjusted by the use of shims (2). The platform is lined with two
touchdown bars that are set slightly higher than the actuators to catch the housing
before they make contact with the electromagnets or sensors (3). The rig also features
sliding flexure extenders that are guided into the lower frame by guide holes (4) and

secured from underneath.

Upper Platform The upper frame will also contain slots for magnetic actuators
and retention plates (5). It will also feature touchdown bars to prevent the housing
from making contact with the upper actuators. The topside of the upper platform
has slots and flange mounting locations for the linear guide rails that retain the rotor

to one degree of freedom (6).
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Note on framework For the purposes of this thesis, the framework and foundation
was not fully analyzed. For example, more work needs to be done in regards to the
manufacturability of the upper and lower framing platforms, legs, flexures, vertical
rails, etc. Once the development of the test rig continues, further work will need to
be done to develop a framing support structure. This structure would need to remain
stable under a bandwidth of test frequencies. This design provides only a guideline
for the construction and execution. More detail in improvements to the structure are

covered in section 6.2.

Coordinate Convention A coordinate convention is established for all solid bodies
to organize the simulation model and make sure applied forces, torques, and mounting
locations are consistent. The coordinate convention of a particular body is defined

below.

Figure 3.7: Coordinate convention of all solid bodies & transforms
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The origin of the part is located at the part’s center of gravity (CG), indicated in
figure 3.7. The mass is aligned with a cartesian plane, and we define six degrees of
freedom as translation in three perpendicular axes (x, y, and z) and rotation about
three axes («, /3, and 7). The arrows indicate the direction which the axis is considered
positive (for observing displacements and aligning mounting locations). All masses,

unless otherwise indicated, will follow a similar convention.

3.2 Hardware & Sensors

Electrodynamic Shakers The shaker modeled in the physical rig is an MB Dy-
namics PM-250HP. It has an operating range of 0-1110 N which covers the entire
range of test forces required on the dynamic excitation. There are other suppliers of
electrodynamic shakers available; this selection was only made as an initial modeling
approximation. Due to the mounting configuration of the test rig, another model of
shaker can be used; the mounting brackets would simply need to be adjusted up or

down using the hex bolts shown in Figure 3.2.

Accelerometers The accelerometer modeled in this system is a PCB Piezoelectron-
ics ICP-353B33. This accelerometer was chosen for its small noise floor and relatively
low sensitivity for effective performance of the adaptive open loop controller. This
model features one mounting location for the accelerometer, however, a more likely
developmental update may feature several accelerometers in multiple locations. Aver-
aging or weighing data from multiple acceleration sources may improve the reliability

of the data.

29



Displacement Sensors The sensors that feed displacement information to be used
by the magnetic actuator controllers are modeled as Lion Precision model CPL190
C8S capacitive sensors. These sensors provide high resolution data and have an
operational range that is within the anticipated z direction motion of the housing

platform.

Other hardware Other hardware including: sensor electronics, amplifiers, and
program interface were not included as part of this simulation study. In the next phase
of test rig development following the results of this study, these pieces of equipment

will need to be specified. See section 6.2 for more details.

3.3 Magnetics

Intro The success of the adaptive open loop algorithm depends on the ability to
analyze the housing acceleration to a high degree of accuracy. Any physical connec-
tions to the housing structure may add unknown forces or affect the system stiffness.
For those reasons, we can levitate the housing structure using a platform of magnetic
actuators. This allows us to precisely control the position of the housing and elimi-

nate any external loading factors.

3.3.1 Basics of Electromagnetic Actuation

There are many references that delve into the analysis of electromagnetic systems
and magnetism theory. One example is Magnetic Bearings: Theory, Design € Ap-
plications to Rotating Machinery [18] from which some examples for this paper were
taken. For the purpose of this thesis, only an overview of magnetic systems will be

covered as it relates to its application in the ALC test rig.
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Figure 3.8: Simple magnetic suspension system

rotor weight mg

Figure 3.8 shows the main components of a simple electromagnetic suspension

system. The function of controlling the position of a mass using this setup is as fol-

lows:

e The displacement of the mass to be controlled is measured from its “reference

position” by use of a displacement sensor.

e A control signal is generated by a processor using the data from the displacement

sensor. This signal is transformed to a control current, which is then applied to

the windings around the magnetic actuator.

e The electrical current around the core material induces a magnetic field, which

attracts the ferromagnetic material (mass). This magnetic force keeps the mass

hovering at or near its reference position.
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Figure 3.9: Magnetic Bearing suspension system for a rotor

In most cases for a mass that is subject to external forces, two or more magnetic
actuators are used to more precisely control the rotor position. This is the case in
magnetic bearings, shown in figure 3.9, where the actuators are arrayed around the
rotor to provide attractive forces in multiple directions. In this particular test rig, we
are only concerned with providing force on the housing in the z direction, so we can
use electromagnetic actuators in pairs to provide attractive forces in specific locations
on the housing platform. Each set of actuators only needs a single proximity sensor,
because the displacement from the reference position for each actuator can be inferred

from a single reading.

Our system will feature four sets of actuators for full control in the z, «, and
£ dimensions. The net force due to any pair of actuators will be given by Fj =
Fiop = Fottom- All system forces will be along the z-axis, so there should be no need
to provide control in the translational degrees of freedom, however, the model will

include flexures to prevent any runaway movement in the uncontrollable planes.

3.3.2 Magnetic Actuator Design

The force of an actuator as a function of input current is given as follows:

epoN2A

HUEESS:

[i(t)] (3.1)

Where:
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e ¢ is a correctional coefficient for fringing/leakage

tto is the permeability of free space

N is the number of turns of the wire around the actuator

A is the actuator area

g is the air gap between the actuator and control body
e [i(t)] is the input current as a function of time.

It is clear from this equation that electromagnetic force is nonlinear and dependent
on the gap and input current. However, we can aim to operate the electromagnet
primarily in its linear range by designing around a desired equilibrium gap, go and
current ¢g. This constant current input is called the bias current, which is independent
of time, and instead study the perturbation current, i,(t) which varies to compensate

for shifts from the equilibrium position, so i(t) = i, + i,(1).

Actuator Sizing The dimensions of the magnetic actuators affect the available
force we can achieve from them. At a certain point, a magnetic material reaches
saturation, meaning additional increases in current will not provide a substantial
increase in magnetic flux. This is dependent on the material’s saturation flux density,
or B,,:, measured in Tesla. The force at saturation is calculated below:

B2 A,

fsat = SZ; (32)
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Here A, represents the total area required for all magnetic actuators. Because the
load will be split by all actuators in the system, the required area for each actuator
would be A} = A;/M where M is the number of actuators (in our case, four). This
assumes the load will be shared equally between them. We can use these details
to plan out the necessary sizing of the horseshoe magnets by anticipating what our

maximum loading condition on the system will be.

Loading Conditions Analyzing the load to be compensated by the magnetic ac-
tuators can be done by observing all loads that will be present in the system. The
excitation force (applied directly to the rotor) will be sinusoidal in nature. Static
loading conditions include the applied static load from the electrodynamic shaker
bias, plus the gravitational force of the solid bodies. That being said, the net force
on a single actuator at any point in time can be written by:

(my 4+ mp)g + Aepcos(Weat + bez) + Fst

Fact(t) = M (33)

This assumes an equal load sharing between all magnetic actuators. The only
times this will not be the case is when forces are required to compensate for tilting in
the a or § directions, but these perturbations will be very small and can be ignored

for the purpose of specifying the actuator size.
The maximum load, when cos = 1, then is given by F.. = (my+mp)g+ Aex + Fy.

To construct what would be considered the “nominal” magnitude on the system,
we find an arithmetic mean of the applied forces and label this as Frass, or root mean

square force. RMS of a constant o is simply its value, and RMS of a sinusoid is .

V2
Total RMS for a combined signal is \/RM S7 + RMS3 + - - RM S2.

Here, the RMS load is given by:
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F, dyn
V2

Where Fy; are all static forces (gravity + applied force).

Frus = \/(Fst)2 + ( )? (3.4)

Design Utility The external dimensions of the actuators can be designed to be
an appropriate scale with respect to the housing mass. The cross-sectional area, and
number of windings, however, can be optimized for F,,, and Fgrys. For additional
simplicity, we aim to manufacture all actuators to have the same dimensions and

number of windings for ease of interchangeability.

First observe what the minimum cross-sectional area needs to be in order to
support the max load, if it were to occur at the point where the magnet reaches
saturation. It is generally good practice to design the load capacity well above the
maximum expected force so the operation remains primarily in the linear region of
the actuator. Apply a safety factor, 7, to the minimum area A, to obtain a corrected

value.

/ fmaacMO
A, =n 7 (3.5)

sat

Next we analyze the fact that a pair of actuators, top and bottom, will together
need to support an RMS load at F},.;. For two actuators that have the same geometry

& number of windings, the relationship would then be:

el AgN?

i~ i) (36)

Frus = (
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Where 5 is the current into the top actuator and ¢, is the current into the bottom
actuator. We can choose a number of windings, N, and observe what the bias currents
would be for the top and bottom actuators. A design utility built in Matlab, as shown
in Figure 3.10, can easily visualize the effective bias current for a given number of
turns. This also allows us to see graphically how far the maximum anticipated load
condition occurs from magnetic saturation. As expected, the anticipated bias on the
top actuator will always be greater than the bottom because the upwards attractive

force must compensate for gravity and downward static loading.

Bias current for each actuator with 90 turns.

30 — — T T T —
I I > -
I I s ~
Zo5¢ | | Max (anticipated) /,,»/ 4
5 | current requirement e
= I I
S20r I I - .
8 I [ s
= I I =
E Bl | \ B 1
Q : } i Saturation line
il e S s b bt s e o i B e I D S T
g | S
| T
1%] g
= o |~ \ |
55 1.5579 }
0 | | Il | |
0 5 10 15 20 25 30

©

Bias of TOP'actuator (A) I I

Bias current of top and bottom actuator

Figure 3.10: Designing a pair of magnetic actuators to be optimized about their

respective bias currents

3.4 Ties between physical rig and simulated rig

The next section will go into detail regarding the simulated model for this test rig.
Physical parameters from the solid model as outlined above are used to define com-
ponent mass and transformation matrices. Section 4.6.2 details the error analyses
conducted, and measurement errors that are modeled are dependent on hardware

specifications in each respective sensors spec sheet, provided in the Appendix.
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4 Simulation Model

A full simulation of the Active Load Cell test rig is designed prior to full physical
construction in order to analyze the capabilities of the rig in an ideal setting. By
using a simulated model, we can not only test the plausibility of the active load cell
concept, but also track the position of all physical components in space to gain insight
as to the type of motion to expect. This can help us to design the support structure

and verify that our selected hardware is appropriate.

In this project, all programming and algorithm development is done using MAT-
LAB script. Matlab m-code can be exported to a control interface (such as LabView)
after the physical rig has been built. For a clear schematic as to the interaction of
parts and the transfer of data, a model is built using the MATLAB graphical pro-
gramming environment, Simulink. Simulink allows the creation of a block structure
of the test rig components and pull in MATLAB script to modify parameters and
control the system dynamics. In addition, data can be tracked in real time. Further
subsections in this paper describing the simulation will refer to specific capabilities

within these utilities.

4.1 Overview

Structure The Simulink model primarily consists of three sub-structures: The ro-
tor subsystem, bearing subsystem, and housing/actuation subsystem. These blocks
are connected in a way to represent the physical connections that they represent (See
Figure 4.1). All external forces present on the rotor mass are summed and applied as
an input to the rotor subsystem. The same goes for the bearing and housing subsys-

tems.
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Figure 4.1: Block Diagram of the Active Load Cell Simulation System

From the model overview we can also track the motion of the components and use
them for data analysis or algorithm execution. The housing acceleration, for example,
can be viewed graphically, and this data is used in the adaptive open loop algorithm
to modify the cancellation shaker amplitude and phase. The ultimate goal is to have
the housing acceleration converge to zero, or as small as possible so that the error

between true bearing force and measured bearing force is very low.

In our Simulink model we have the luxury of observing true bearing force for
data validation. This force, however, will not be able to be measured directly in the
physical test rig. This parameter is what we are trying to determine experimentally
through the cancellation shaker force. For verification of the simulated model, we
compare our result signal characteristics with that of the true force being applied.

The next few sections will go into further detail of each subsystem.

4.2 Physical Bodies

General scheme As touched upon in the section above in equation 2.1, the general
representation of a 1-DOF spring-mass-damper system where all forces are acting

along the same axis would be written
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mi = F.,; —ct —kx (4.1)

If we were to analyze this system in state-space representation, it would be con-

structed:

i‘l 0 1 T 0
= + U
iy —k/M  —c/M| |, 1/M
- (4.2)
- T
y=11 0
L T

The terms in this equation are scalars, meaning that we are only analyzing the
system in one degree of freedom. In order to expand our equations of motion to 6
DOF, we need to establish matrices that contain the relevant coefficients in all planes.
The position, velocity, and acceleration, then, become vectors, broken down into their
respective values in each of the six degrees of freedom. For example, the state-space

representation of the housing would be given as follows:

1.'1 06 [6 T n 06 06 Ul
To *KHM_l *CHM_l T2 M M1 U2
- (4.3)
- x
Yy = [6 Og
L To

In equation 4.3, x; is the [6x1] vector that includes z, y, z (housing CG displace-
ments) and «, 3, v (housing CG rotations). x5 is the [6x1] vector that includes z, ¥,
% (housing CG linear velocities) and ¢, 3, 4 (housing CG angular velocities). u; are
the input forces and torques due to the magnetic suspension, and us are the input

forces and torques due to an external load factor (i.e., cancellation shaker).
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4.2.1 Solid Body Subsystems

Rotor Subsystem The motion of the rotor can be described using the general
form:

M,ii, = SF (4.4)

Where M represents the mass matriz of the rotor and is constructed as follows:

m, 0 0 0 0 0
m, 0 0 0 0

m, 0 0 0
(4.5)

I:c;c,r Ixy,r I:cz,r

o o o o o
o o o O

0
O Ty,r Iyy,T‘ IyZ,T
0

Ixz,'r Iyz,r Izz,r

Here, m, is the rotor mass, in kg. The parameters I, I,,, & I.., etc. represent
the planar and cross-plane moments of inertia of the physical body. These can be
determined through calculation knowing the structure geometry and material, but
thanks to sophisticated software tools like Autodesk Inventor, these parameters can
be extracted from a solid model. The acceleration of the rotors center of gravity can

be represented by the vector i, and is composed of the following terms:

. T
i'LT: |:xr yr '.2:7" dr /67“ ;)'/r (46)

Where #, 4 and Z represent the rotor accelerations in each respective axis (mea-
sured in m/s?). &, 3 and 4 are the angular accelerations in the yz, xz, and xy planes
respectively (measured in rad/s?). This labeling system will be consistent across all
bodies and structures in the entire Active Load Cell simulated model. External forces
and torques will be transferred to the body’s CG because in this simulation all bodies

are assumed to be rigid.
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The rotor stiffness matrix, K., takes the form:

ey O 0O 0O 0 0
0 ky, 0O 0 0 0
0 0 k, 0O 0 0
K, = (4.7)
0 0 0 kep 0 0
0 0 0 0 kg O
0 0 0 0 0 k,

Where k,, k, & k, are planar stiffnesses (measured in N/m) and ke, ks & k,
are torsional stiffnesses (measured in Nm/rad). In this test rig setup, all stiffnesses
except the z direction are high because the rails completely restrict motion in all
other axes.

Similarly, the damping matrix, C;., is constructed:

Gy 0 0 0 0 0
0 ¢ 0 0 0 0
0 0 ¢, 0 0 0
C, = (4.8)
0 0 0 cop 0 0
0 0 0 0 ¢ O
0 0 0 0 0 cp

Where ¢,, ¢, & ¢, are linear damping coefficients (measured in N's/m) and k,, ks

& k., are torsional damping constants (measured in Nms/rad).

The rotor force is a vector consisting of applied forces and moments on the cen-

ter of gravity (CG). F, = [Fw F,, F.. My, Mg, M

T

T
ur } . How the moments

about the rotor CG are calculated given an offset load are described in a later section.

Rotor acceleration in all degrees of freedom can be determined by:

UE, (4.9)



The rotor velocity vector, ., is found by integrating once (@, = [ i), and position

u, by integrating twice (u, = [ ).

Bearing Subsystem Bearing force is calculated by the general form:
Fy, = Cyuy, + Kyuy (410)

The bearing model is similar to the rotor model, except that we assume the bearing
to have negligible mass. In addition, the bearing may have cross-coupled stiffness
(kuy, ks, ky.) and damping (cuy, €4z, ¢y.) components that we need to include in the

respective matrices. The bearing stiffness and damping matrices are documented in

Appendix E.

Housing Subsystem The housing mass, stiffness, and damping matrices are con-
structed similar to the rotor matrices. These can be found in Appendix E. The
stiffness and damping in the z, «, and 3 directions are zero, because these degrees
of freedom are dependent only on the magnetic actuator control. The z, y, and

stiffness and damping are due to the flexures retaining the housing in these directions.

4.3 Other Equipment
4.3.1 Shakers

Excitation shaker output force vector is as follows:
0
Fal)={ 0 (4.11)
Fayn + Fy

With Fyyn(t) = Aezecos(wrt + ¢ege). wr is the test frequency. Force in the x
and y directions will be zero in the orientation that the shaker is mounted (it will
not provide force in these directions). This [3x1] matrix is transformed to the rotor
center of gravity by F’;xc(t)’ = [Qexc]Tﬁem(t). The excitation shaker transformation

matrix is
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100 0 Zeve  —Yeac
Qeze] = [0 1 0 —Zeoe 0 Fene (4.12)
0 01 Yewe —Teawe O
Where 7, §, and Z are the x, y, and z coordinates of the shaker mounting location
relative to the rotor’s CG. The cancellation shaker follows the same convention, but
its transform is relative to the housing center of gravity since this is where this load

will be applied.

0
Foan(t) = 0 (4.13)
Acan cos(wrt + dean)

And ﬁcan<t)/ == [Qcan]Tﬁcan(t)'

4.4 Magnetic Support System
4.4.1 Magnetic Actuation Hardware

Electromagnets can only provide force on a ferromagnetic material, and as such the
housing mass will need to be fitted with iron inserts where the magnetic actuators
can align. As seen in image 3.4a, a flange on the housing allows for the attachment of
silicon iron plates. In order to simulate the control of the housing due to electromag-
nets, we first need to develop a transformation scheme to relate the actuator sensors
and actuators back to the housing center of gravity.

As seen in image 4.2, each set of actuators will have an central actuated location -
this is the location where each actuator is providing force on the housing mass. Sen-

sors will be located near their respective actuators, but will have their own locations.
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Figure 4.2: Line of actuator net force

Displacements in each dimension will be regarded as the displacement of the hous-
ing CG in that dimension, plus the effect of housing tilt in the relative axis. Since all
rotations # are assumed to be very small, we can linearize the effect of a rotation in
a plane such that dsin§ = df. We also assume all rotations to be decoupled, that is,
for example, a small rotation about the a axis can be observed independently from a

simultaneous rotation about 8. See figure 4.3.

Figure 4.3: Tilt of housing, 6 degrees in ~ axis

Sensor transforms Given the convention shown in figure 4.4, the displacement at

the given sensor S, is found by using the coordinate transform:
lisa = [Qsa]tin (4.14)

T
Where g4 is the sensor position vector {JUSA Ysa ZSA} , Uy, is the housing CG

translate/tilt vector, and the transform matrix [Qg4] is given by:
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Figure 4.4: Coordinate Convention of Sensor location

100 0  Zsa —Usa
[Qsal =10 1 0 —Zga 0  iga (4.15)
001 gsa —2sa O
Each sensor (A, B, C, D) will have its own [Q)] matrix that follows the same conven-
tion. Because all sensors will be affected by the housing position and angle, combine
all four matrices into a larger one for the sake of only executing one transformation,

where:

T
s = [Qs]un with [Qs] =|Qsa Qs Qsc Qsp (4.16)

The vector ug provides the x, y, and z location of all four sensors in the system.

Actuator transforms Transforming to the magnetic actuator locations is done in
the same way as the sensor locations. In this case, the x, y, and z positions of a
particular actuator set refer to the centerpoint of the actuator set, because this the

location where the actuator force will be analyzed from a point-load perspective.
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Figure 4.5: Coordinate Convention of Actuator location

T
The displacement of actuator A is given by 4 = { TA Ya 2 A} = [Qaliy with

100 0 24 —ia
[Qal=10 1 0 =24 0 &4 (4.17)
001 g4 —7a 0

And similarly to the sensor system, we construct a generic transform for all actu-

ators such that

iy = [Qaclty with [Qacl=|Qs Qp Q¢ Qp ! (4.18)

Called the actuator transform matrix, [Qac].
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4.4.2 Actuator Analysis in F.E.M.M.

Introduction A sophisticated magnetic model will provide a more accurate repre-
sentation of magnetic forces than a linearized model alone. In particular, the reason
why we need a robust actuator model is due to the variability in the load applied on
the system. Linearizing around a single bias is not sufficient because under different
loading conditions, the effective bias will shift up or down, potentially straying far
from the linear range of a particular actuator and potentially approach saturation.
We need to be able to create a magnetic model that takes all nonlinear effects into
consideration, and test it under a variety of load cases to validate its effectiveness in

the test rig design.

Rather than try to tackle the complexities of a magnetic system computationally,
we can employ a software tool called Finite Element Method Magnetics, or F.E.M.M.
[19]. FEMM is a Windows finite element solver for 2D and axisymmetric magnetic,
electrostatic, heat flow, and current flow problems with graphical pre- and post-
processors [20].

This software uses finite element analysis to solve magnetostatic problems, and
can take many factors into consideration when solving magnetics problem such as flux
paths, hysteresis effects, and magnetic losses. Full documentation on the operation

of F.E.M.M. can be found in reference [19].
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Preprocessing After the actuator dimensional parameters are chosen, we can im-
port the dimensions into FEMM and build a 2D representation of a single actua-
tor/flotor system. Using the FEMM tools we can assign a material to each solid
body, and provide a virtual circuit of windings in a location around the actuator to
match our analysis done in part 3.3.2. Before analysis, we implement an improvised
open boundary condition around the actuator. The open boundary is emulated by
placing thin layers of isotropic material at the outer extents of the domain. By careful
selection of the magnetic permeability of the layers, asymptotic boundary conditions
(ABCs) are produced. This method allows for accurate open-boundary solutions with

nearby boundaries [21].

A current is set to be applied through the simulated windings. FEMM then builds

a mesh of the solid and runs an analysis as shown in figure 4.6.
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Figure 4.6: Screenshot of the FEMM solver running an analysis
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Postprocessing After analysis is complete, we can observe the force on the ‘flotor’
mass via a volume integral. The program computes the weighting function by solving
an additional Laplace equation over the air surrounding the blocks upon which the
force is to be computed. The stress tensor is then evaluated as a volume integration,

and the results are displayed [22].

This process is iterated through all combinations of gap distances and currents
within the range that was set. We use this information to build a 2-dimensional table,
which we can access with a function by inputting gap and current and outputting
actuator force. A 3-dimensional visualization of the relationship between gap, current,

and actuator force are shown in figure 4.7.

Current from bias (A)

gap from nominal (mm)

Figure 4.7: 3D contour plot of lookup table data
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Figure 4.8: Control scheme of the housing platform with four independent actuators

4.4.3 Magnetic Control

Control of the magnetic actuators is achieved through a classical feedback control
scheme. Each of the four sets of actuators in either corner of the housing mass are
controlled independently, and as such, have their own sensors and amplifiers, as shown
in Figure 4.8. The current into the upper and lower actuator on any particular set
are dictated by a single sensor and controller. The sensor, situated on the underside
of the housing platform, measures the gap and compares this value to a reference (see
Figure 4.9). The PID controller processes a control voltage, which relates directly to a
perturbation current around the pre-selected bias. A very basic amplifier is modeled
in this study that restricts the control current at a 10,000 Hz sample rate, however,

further work will feature a realistic amplifier model transfer function.
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Figure 4.9: Gap values at both the displacement sensors and magnetic actuators.

The housing tilt angle and gap values are exaggerated for easier understanding.

The control output represents the physical current ¢ flowing through the elec-
tromagnet’s coil [18]. It is at this point where the lookup table takes place of the
nonlinear magnetic model, by taking in inputs of current i and measured gap = to
produce a force f. The gap value fed into the nonlinear model is the true gap at
the actuator location rather than the sensor gap, because this scheme leads to more

accurate force interpretation.
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PID control of Actuators Proportional-Integral-Derivative (PID) controllers a
are simple and robust method for controlling an electromagnetic actuator. PID con-
trol is used to stabilize the plant (in this case, the housing mass). Tuning the PID
parameters is done manually within Simulink. A static load is applied on the system
to observe the response over time. Next we adjust the relevant PID parameters to get
a response that is reasonably fast, doesn’t allow for excessive deflection in the z direc-
tion (otherwise the housing plate risks ‘bottoming out’, and has very low steady-state
error to aid in adaptive open loop algorithm convergence, as shown in Figure 4.10.
The parameters were chosen using the sequence in the list below. PID control blocks
within Simulink also feature built-in lowpass filters on the derivative term in order
to prevent the amplification of measurement noise. In our case the filter sampling

frequency is set to 10,000 Hz.

Tune PID Control of Housing: Achieve low SS errors within a reasonable timeframe
to cut down on simulation / analysis time
|

[ 1|
001 [~ f f T f

ok I i P 10000

tion(mm)

Robust response to prevent “bottoming | 100000
lout” of housing platform | [

posi
S
[=]
5]

D 5000

| | | |
0 1 2 3 4

Figure 4.10: Response of housing under a step load after PID tuning

PID Tuning Procedure:
1. Set all gains to zero.
2. Increase P gain until oscillations are steady.

3. Increase D gain until the system is critically damped.
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4. Repeat the above two steps until further increases in D gain do not significantly

reduce oscillations.

5. Increase I gain until steady-state response is appropriate.

Bandstop Filter It is necessary to prevent the magnetic actuators from producing
any forces at the test frequency, because forces that are compensated within the mag-
netic structure will affect the cancellation force. To achieve this, we pass the control
current through a band stop or notch filter. This passes most frequencies through

un-altered, but attenuates frequencies over a certain range to very low levels.

The transfer function of a bandstop filter is shown below:

s% + (2ewp)s + w?
s + (2Cwn)s + w?

H(s) = (4.19)

Where:
e w, is the test frequency, in rad/s
e ¢ and ( are parameters that affect the width and depth of the filter notch

Creating a bode plot of this transfer function, as in Figure 4.11 allows easy visual-
ization of the effects of the notch filter. For example, increasing the ¢ value increases
the notch width, but also affects the phase shift of system frequencies, particularly
those close to the test frequency. The € parameter changes the notch depth, that is,
the maximum negative gain at the test frequency. We can alter this parameter to get
a filter that applies an effective amount of attenuation without overtaxing the control
system. The parameters selected (shown in Figure 4.11) offer an acceptable level of
frequency attenuation. Initial application of the bandstop filter will prevent control
of the housing platform at the test frequency, however, the cancellation shaker will

compensate for this once the adaptive open loop algorithm is implemented.
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Figure 4.11: Bode Plot of various filter gains

4.4.4 Simulink Integration

Actuator data and operation is simulated in Simulink through the following process:
1. Displacement at each sensor is calculated using the transform in equation 4.16.
2. Sensor X, y, and z positions are compared to their nominal position (zero vector)

3. Sensor z-offset is fed through a PID controller (see below) to determine an
appropriate actuator voltage. Sensor offset in x and y dimensions are discarded

because the system is uncontrollable in these directions.
4. Voltage is converted to a control current through a magnetic amplifier model.

5. Current is passed through a bandstop filter (see below) to filter out any signals
that would be applied at the test frequency.

6. Displacement at each associated actuator is calculated using the transforms in

equation 4.18.
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10.

11.

Actuator displacement and current are both passed through a duplicator matrix.
Because two actuators are controlled with a single displacement sensor, equate
a negative displacement in the z-direction for the bottom actuator with an

equivalent positive displacement on the top actuator. See Figure 4.9.

Current values are passed through a saturation curve to represent the total

current an amplifier can realistically provide.

Corrected gap and current values are fed into a 3-dimensional lookup table where
the previously determined magnetic force data lies. Gap or current values not
aligning to a table entry will be linearly interpolated between adjacent entries.

The relevant actuator force is output.
Net force for a pair of actuators is calculated.

Forces for all four actuators are applied to the housing at their locations using

the transform [Qac].
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4.5 Adaptive open-Loop control

Introduction The primary objective of the Active Load Cell test rig relies on being
able to counter the effects of the dynamic excitation and provide a cancellation force
such that the acceleration of the housing approaches zero. Achieving stability under
a dynamic loading condition can be achieved via closed-loop control, similar to the
scheme employed by the magnetic actuators, or by open-loop control, which superim-
posed on top of the already existing feedback control forces. Developing a closed-loop
control system would involve altering the magnetic actuator controller to produce
appropriate responses to dynamic excitation. This would entail implementing a more
sophisticated control algorithm than the PID currently in place, plus the addition
of filters to remove the synchronous vibration. In addition, closed-loop systems can

adversely affect the stability of the system through feedback [23].

An open-loop scheme superimposes the cancellation forces on top of the already
existing magnetic stabilization forces. This force can be altered as the characteristics
(frequency, amplitude, phase) of the dynamic force is altered without any changes to
the magnetic actuator feedback controller. In order to make this additional controller
effective in this test, an iterative method is used to adapt the open-loop forces to
reach a predetermined performance - in our case, minimized acceleration. The result
is a forced response so it does not affect system stability. To be sure that the control
force selected produces the optimal vibration reduction, the force is updated based
on the performance of the previous force iteration. This type of control is referred to

as adaptive open-loop control [23].
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Figure 4.12: Block diagram of system with the addition of adaptive open loop

controller

4.5.1 Theory

In this control scheme, a set of control signals, u(t), are applied to a system in order
to affect its response. As shown in figure 4.12, open-loop signals are superimposed on
top of the existing feedback signals from the magnetic actuators. The control signals
are pre-calculated, meaning that knowledge of the system dynamics is required before
it can be implemented. To determine the amplitude and phase of open-loop control
signals, it is necessary to estimate a system influence coefficient matrix, [T'], which
relates the system response at a frequency due to open-loop control signals at the

same frequency [24].

This type of control has been well documented by R.W. Hope and C.R. Knospe
(1994) [25] with more experimental results reported in Knospe et al. (1995) [26]. This
methodology will be discussed in terms of its application to this research project.

A forced response of a system is given by:

x=Tu+ zo (4.20)

o7



Where z is the [2nx1] vector of synchronous Fourier coefficients of vibration at n
position sensor locations, and u is the [2mx1] vector of synchronous Fourier coeffi-
cient of open-loop forces applied through m axes. In our case, we are using a single
piece of dynamic actuation equipment (electrodynamic shaker) and monitoring the
acceleration in one axis (z) so n and m are both 1, making = and u both [2x1] vec-
tors. T is the [2x2] matrix of influence coefficients that relate the open-loop forces to
the synchronous vibrations. xy is the [2x1] vector synchronous Fourier coefficients of

uncontrolled vibration.

If open-loop forces are applied in an iterative fashion, vibration at some iteration

k will be given as follows:

xp = Tug + xo (4.21)

If T and xy remain constant and subtracting iteration k from iteration (k+ 1) we

arrive at

($k+1 — .Z‘k) = T(U,k+1 — U,k) (422)

Ax =TAu (4.23)

Due to the complex system dynamics, this influence coeflicient matrix T" is not
known exactly, so we need a way to estimate this matrix through experimentation.
We can apply a series of p synchronous open loop test signals and record the resulting
vibration. The number of test forces must be greater than or equal to 2m+1 in order
to fully determine the solution [25]. The test forces and subsequent vibrations are

compiled into batch matrices:

AU = [ul — Uy Uy — U3 ... Upg — up] (4.24)

and
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AX = [xl — Xy Ty— X3 ... Ty — I (4.25)

As above, these matrices can be placed together such that

AX =TAU (4.26)

Where T is an estimator of T'. Solving for T" we can construct

T = AX(AU)T[AU(AU)T]! (4.27)

based on a least squares linear regression model.

The aim is to develop a control law that will reduce x, the synchronous system

vibration. If a performance measure is to be taken such that:

J=2"Wx (4.28)

Where W is a weighing factor, or adaptation parameter. As outlined in Hope,

199/ [25], a control law for synchronous vibration control is given by:

Ui = u; — (TTWT)'WTT z (4.29)

Here, u;,1 represents the next iterated control force to apply after the control u;
and respective vibration response x; are measured. When m = n the performance
measure J will converge to zero, or as small as can be achieved within the noise
floor of the vibration sensor (accelerometer). A simplified control scheme, where the
weighing factor W is a [2x2] identity matrix (indicating 100% adherence to the least
squares linear regression) is given as in equation 4.30. During testing, this weighing

factor is reduced in order to observe a slower adaptive open-loop convergence.

Ujr1 = U; — Tﬁll'i (430)
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The control law in equation 4.30 is used in the execution of the algorithm as
detailed in the selection below.
4.5.2 Implementation

The implementation of the adaptive open-loop control algorithm in this particular

application follows the sequence below.

1. Run simulation under a dynamic excitation load but with no input to the can-

cellation shaker and observe the resulting acceleration.

2. Determine the amplitude and phase of the acceleration using a fourier transform

(obtain ).

3. Define a batch of arbitrary control inputs, u;(cancellation shaker forces). Run

the simulation at each input and observe the resulting acceleration, x;.
4. Calculate the influence coefficient matrix, T' using AX/AU.
5. Define the first adaptive input into the cancellation shaker using u;.; = —T~';

6. Observe the resulting acceleration, z;;; and repeat the iterative process until

the value has converged to zero (or as small as can be measured).

In some instances, especially in the presence of errors, the algorithm may fail
to correctly identify the influence matrix, leading to the possibility of amplified ac-
celerations. If accelerations become large, the algorithm attempts to re-identify the
influence matrix using a different series of test inputs. If the convergence still fails,

the controller will throw an exception that the system could not be identified.
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The controller is designed to wait an adequate amount of time after the magnetic
platform has had an opportunity to stabilize from the addition of static and dynamic
forces. The transient activity during start-up may lead to an incorrect identification
as well. Typically lower test frequencies require a longer time to stabilize. Generally
3-4 iterations will eliminate over 90% of vibration, with additional iterations provid-
ing decrementing improvements, as shown in Figure 4.13, which was run at a test

frequency of 100 Hz.

Algorithm Convergence, (100 Hz test frequency)
T

\ 6.5127 m/s?
s\ (Uncontrolled vibration)

Acceleration Amplitude (m/s %)
T

r \ 0.0007 m/s2 |
; (Controlled)

1 2 3 4 5 o
Adaptive Open-Loop Iteration

Figure 4.13: Convergence of Adaptive Open Loop Controller for one Test Case
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4.6 Running test cases
4.6.1 Force adjustment

Varying system gains Due to variations in system gain when excited at differ-
ent frequencies, the system response may result in an unacceptably high amount of
relative movement between components. On the other hand, too small of a dynamic
excitation may not elicit significant enough results to appropriately run an optimiza-
tion algorithm. It is useful to adjust the excitation parameters on the system in order
to target a relative amount of motion that would make sense for this type of machine.
Additionally, by assuring that there is a common and expected relative component
displacement, we can more confidently select a sensor that can handle this range, and

adjust the sensor position appropriately.

The aim is to alter the dynamic force on the system depending on the test fre-
quency being applied. To achieve this, a bisecting algorithm is used to adjust dynamic
shaker force and measure the resulting rotor-housing displacement until the target dis-
placement is achieved. The output of this process is a Force-Frequency relationship
curve, which will be used in our test cases to be sure the applied load is appropriate

for the given frequency.
The anticipated relative displacement between components on the FFBTR is ex-

pected to be on the order of 1/10 mil (0.002 mm). For the purposes of this test rig,

our target threshold is 0.005 mm, a more relaxed requirement.
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Figure 4.14a shows one particular system’s relative displacement at a dynamic load

of 400 N for a range of test frequencies. Figure 4.14b shows what the compensated

dynamic forcing function looks like after the algorithm has been run. All resultant

displacements are within 1% error of the target. The results section of this paper also

includes the compensated force table for each of the bearing stiffnesses being tested.

As one would expect, generally the compensated forces for the bearing with higher

stiffness are larger, due to less relative movement between components.
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As part of the experimental results, however, consistent dynamic loads across

all test frequencies are also tested. The purpose for this is to evaluate whether the

magnitude of the dynamic load has an effect on the capability of the rig to identify

forces accurately.
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4.6.2 Monte Carlo analysis

The first iteration of the simulation model featured a direct link between all sensors
and their controllers. In other words, there are no inconsistencies, noise, or sources
of error that would serve to make the simulation any less than ideal. Perhaps unsur-
prisingly, initial testing showed an ability of the rig to identify force to an incredible
accuracy - in most cases within 0.001% of truth. Analyzing the best-case scenario
is useful for initial proof of concept, but in order to truly analyze the capabilities of
the test rig, it is necessary to identify sources of measurement error and observe their
effect on the results. In reality, error can originate from a large variety of sources,
such as calibration of equipment, manufacturing tolerances, electronic hardware de-

lays, etc.

To make a prediction as to the consistency of ALC test rig outputs, we conduct a
Monte Carlo analysis. In its broadest sense, Monte Carlo simulation can be defined
by: modeling a system as a series of probability density functions (PDF), repeat-
edly sample from the PDFs, and tally /compute the statistics of interest [27]. In this
thesis, a simple analysis was conducted in order to form a statistical distribution of
expected errors, and potentially identify those errors which cause a failure of accurate

identification.

Sources of Measurement Error For the purposes of this thesis, the sources of
error to be analyzed were directly related to the sensor readings. This best represents
the types of errors that would be present in the actual system. In reality, this list is
not exhaustive; however, it doe represent some of the most significant expected error
sources. The sources of error that were included in this study are tabulated in Table

2.
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Error Source Nom. Val. Error Range
Magnetic Sensor Errors (x4)

Sensor Gain ! 1.0 [0.997 1.003]
Sensor Offset 2 0.0 mm [-0.1 +0.1] mm
Sensor Tilt % (a & B) 0 deg [-3.0 +3.0] deg
Actuator Location Errors (x4)

Actuator Offset 2 0.0 mm [-0.1 +0.1] mm
Accelerometer Errors

Sensor Gain * 1.0 [0.95 1.05]
Sensor Phase 0.0 deg [0.0 2.0] deg
Sensor Noise ! 0.0 m/s* (RMS) | [0.005] m/s? (RMS)
Sensor Cross-talk ' (X & Y) | 0.0 % [-5.0 +5.0] %
Sensor Tilt % (o & ) 0 deg [-3.0 +3.0] deg

Table 2: Monte Carlo Parameters

For this study, errors within their respective ranges are randomized and applied

to the model. This is repeated 250 times for each test case. Using the results of these

parametric runs, it is possible to observe the statistical distributions of the final force

amplitude and phase errors to develop confidence intervals.

(a) Sensor Tilt

K
(b) Sensor Offset

]

T

(c¢) Accelerometer Tilt

Figure 4.15: Visualization of some Error Sources

!Based on Spec Sheet
2Based on anticipated manufactur

ing capabilities
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5 Simulation Results

5.1 Test Case Setup

The simulation model was tested to verify convergence of the adaptive open loop
controller and to establish anticipated errors. Moving forward with the Fluid-Film
Bearing Test Rig, further studies can be done knowing the confidence bounds that

are achievable on bearing force measurements.

5.1.1 Bearing Stiffness Matching

The stiffness range of bearings to be identified by the FFBTR is roughly 400,000 -
2,000,000 1bf/in (7.0E7 - 3.5E8 N/m). We want to choose two bearing test stiffnesses
towards either end of this range to see how the ALCTR handles each scenario. Due
to different equipment masses (between the ALCTR and FFBTR) we need a way
of establishing an equivalent stiffness range for this rig. In the most simple sense,
we can analyze the natural frequency of the two-mass system joined by a spring for
an approximation. The natural frequency of a this system can be determined by

equation 5.1.

k(my +mg) = (mymy)w? (5.1)

For the lower and upper stiffness range we analyze the natural system frequency,
match this to our ALC model, and determine an equivalent stiffness to give the system
the same natural frequency. As displayed in Table 4, The equivalent ALC stiffness
range is approximately 2.7E7 - 1.3E8 N/m (154,000 - 742,000 1bf/in). There are two
test “bearings,” one at a low and one at a high stiffness, to observe the identification
capabilities at either end of this range. The ‘soft’ bearing studied will have a stiffness

of 3.0E7 N/m and the ‘stiff’ bearing will have a stiffness of 1.0E8 N /m.
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Mass | FFBTR | ALCTR
my 60 kg 22.319 kg
msa 50 kg 20.870 kg

Table 3: Masses of FFBTR and ALCTR

Stiffness (FFBTR) | w, Eq. Stiffness (ALCTR)
Low | 7.0E7 N/m | 1602 rad/s | 2.7E7 N/m
High | 3.5E8 N/m | 3582 rad/s | 1.3E8 N/m

Table 4: Equivalent ALCTR Stiffnesses

5.1.2 Frequencies & Force Amplitudes

Test Frequency For consistency, all trials were run at each of the frequencies indi-
cated in table 5. These frequencies are within the range of test frequencies expected
to be operated on the fluid film bearing test rig. They were chosen based on a loga-

rithmic scale to span two decades.

(rad/s) | (Hz) | (rad/s) | (Hz)
120 19.09 1280 203.71
205 32.62 1800 286.47
300 47.74 2340 372.42
440 70.02 2750 437.67
650 103.45

Table 5: Test Frequencies

Dynamic Force Amplitude All frequencies are run through the Monte Carlo

Analysis in three trials:
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e (Compensated Force, which is the adjusted dynamic load for the particular test

frequency as described in section 4.

e Moderate Force, which is a constant value of 350 N across all frequencies. This

value is approximately 60% of the static system load.

e Low Force, which is a constant value of 50 N across all frequencies. This value

is approximately 8% of the static system load.

5.1.3 Test Sequence
Test cases are run in the following sequence:

1. For the given test frequency and dynamic force amplitude, run the model with
no errors present and observe the housing motion. This is a visual check to make
sure the displacement caused by the dynamic force doesn’t threaten to “bottom
out” against the touchdown flanges, and that all transient motion has died
down in the allotted timeframe. Additionally, observe the current requirements
of the electromagnetic actuators to make sure they are appropriate (are not
approaching saturation). Figure 5.1 shows the uncontrolled housing motion, in

the z-direction at a test case of 628 rad/s & 410 N dynamic load.

2. Apply the adaptive open loop controller with no errors present to be sure the
identification process is working correctly. Observe the controlled housing re-

sponse, as shown in Figure 5.2 for the same test conditions.

3. Once the model has been verified, run the Monte Carlo studies by varying
the error sources and running the simulation for 250 iterations. The following

restraints are used:

e Adaptive open-loop controller will make two attempts to identify the in-
fluence matrix (T). If acceleration is diverging after this, the simulation

aborts and throws a “failure to identify” exception.
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e Algorithm is run until acceleration converges to the noise floor, or reaches

7 iterations, whichever happens first.

e Cancellation force amplitude and phase are reported along with their re-

spective errors from analyzing true bearing force/phase.

4. Build a statistical distribution of the Monte Carlo studies to develop anticipated

errors and confidence limits.
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Figure 5.1: Uncontrolled Housing motion, 628 rad/s
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Figure 5.2: Controlled Housing motion, 628 rad/s

One example of the controller stabilizing the housing and identifying bearing force

in the presence of errors is shown in Figure 5.3.
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Figure 5.3: Uncontrolled and Controlled housing motion in the presence of errors

5.2 Test Case 1: Low Stiffness Bearing
5.2.1 Test Parameters

This bearing was modeled with the following parameters:
e Z-Direction Stiffness: 30,000,000 N/m ( 171,000 1bf/in)

e Z-Direction Damping: 1500 Ns/m ( 8.5 Ibfs/in)
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5.2.2 Tabular Results

Simulation Convergence As mentioned above, if the adaptive open loop con-
troller fails to identify the influence matrix correctly, acceleration will typically di-
verge rather than converge. If this happens, a new set of test forces (U inputs) are
used to try to identify the T matrix. If the acceleration still diverges, the simula-
tion aborts. Simulation runs where acceleration decreases are separated into three
categories: Strong results, Weak, and Failure. Strong results are those which have a
final acceleration less than 1 m/s?. Typically, simulation runs that converge below
this threshold result in a low error - usually well within 1% of truth. Weak results
are those that elicit slowly converging acceleration and result in a final acceleration
between 1 - 5 m/s®. These results are often accurate but can occasionally stray far
outside an acceptable error range, above 10%. Failure results are those that diverge
or have a final acceleration greater than 5 m/s* These results are almost always in

the unacceptable range, and will not be included in statistical plots.
For the compensated loading condition, tabular results of convergence are dis-

played in Table 6. Convergence tables for the 50 N and 350 N cases can be found in
Appendix B.
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Test Condition Convergence (%) Result (%)

Freq. (rad/s) | Exc. Force (N) | Run 1 | Run 2 | Failure | Strong | Weak | Failure
120 68.6 100 0 0 100 0 0
205 99.1 100 0 0 100 0 0
300 50.0 100 0 0 100 0 0
440 91.9 100 0 0 100 0 0
650 173.2 91.2 8.8 0 94.8 0.4 4.8
1280 83.2 100 0 0 100 0 0
1800 50.0 100 0 0 100 0 0
2340 150.3 100 0 0 100 0 0
2750 263.7 100 0 0 100 0 0

Measurement Errors

Table 6: Compensated Dynamic Force (Bearing 1)

Failed results are discarded but Strong & Weak results are

included in these tabulations. In reality, a trial that ends in a weak result should be

taken with caution. Figures 5.4a and 5.4b show histograms of resultant amplitude

and phase errors, respectively, for the 120 rad/s test case. Results at each frequency

and dynamic load condition were analyzed in the same manner. In table 7, 95%

confidence intervals are established around the median of each dataset. Error values

are absolute value (i.e., a 0.3% error may represent a +0.3% or -0.3% difference from

truth). Results tables for the 50 N and 350 N cases can be found in Appendix B.

The information presented in these tables are shown graphically in the next section

for easier analysis.
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Bearing 1- Amplitude Errors (120 rad/s) Bearing 1 - Phase Errors (120 rad/s)
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Figure 5.4: Results from the 120 rad/s Compensated Dynamic force test case for

Bearing 1
Amplitude Error (%) Phase Error (deg)
Freq. (rad/s) | Lower | Median | Upper | Lower | Median | Upper
120 1.600 | 1.630 1.660 | 0.444 | 0.461 0.495
205 0.460 | 0.530 0.570 | 0.246 | 0.283 0.312
300 0.160 | 0.170 0.190 | 0.175 | 0.197 0.210
440 0.190 | 0.225 0.300 | 0.036 | 0.041 0.057
650 0.094 | 0.122 0.169 | 0.017 | 0.021 0.027
1280 0.680 | 0.790 0.860 | 0.037 | 0.040 0.046
1800 0.680 | 0.730 0.790 | 0.375 | 0.416 0.458
2340 0.230 | 0.248 0.260 | 0.226 | 0.265 0.295
2750 0.351 | 0.377 0.398 |0.148 | 0.173 0.219

Table 7: Amplitude & Phase Errors (Bearing 1)
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5.2.3 Graphical Results

Figures 5.5 through 5.8 show the median errors and limits of the 95% confidence
bounds for all test frequencies on a logarithmic scale. Most test cases fall at or below
the 1% target force amplitude error. All test cases are within the 1 degree target
phase error. There is a bit of variability in the median errors across frequencies which
may be due to inherent system gains. This becomes especially apparent at the lower
dynamic load cases in figures 5.7 and 5.8. Further study would need to be conducted

for a better perspective on the slight shifts in median error across the test frequency

bandwidth.
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Figure 5.5: Amplitude Error, Compensated Dynamic Force
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Figure 5.6: Phase Error, Compensated Dynamic Force
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Figure 5.7: Amplitude Error, 50 & 350 N Dynamic Force
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Figure 5.8: Phase Error, 50 & 350 N Dynamic Force

5.3 Test Case 2: High Stiffness Bearing
5.3.1 Test Parameters
This bearing was modeled with the following parameters:

e Z-Direction Stiffness: 100,000,000 N/m ( 571,000 1bf/in)

e Z-Direction Damping: 5000 Ns/m ( 28.5 lbfs/in)

5.3.2 Tabular Results

For the three loading conditions, tabular results of convergence are displayed in Table
8. Measurement errors for bearing 2 follow the same format as those for bearing 1,
described above. The results of the compensated load case are shown in Table 9, with

additional results tabulated in Appendix B.
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Test Condition Convergence (%) Result (%)
Freq. (rad/s) | Exc. Force (N) | Run 1 | Run 2 | Failure | Strong | Weak | Failure
120 236 100 0 0 100 0 0
205 213 80.0 18.4 1.6 94.4 2.0 3.6
300 193 92.4 7.6 0 97.2 2.0 0.8
440 338 100 0 0 91.2 4.0 4.8
650 925 7.2 17.2 5.6 84.8 3.6 11.6
1280 382 90.4 8.8 0.8 91.6 3.2 5.2
1800 286 88.0 11.6 0.4 92.4 2.4 5.2
2340 162 100 0 0 90.8 4.0 5.2
2750 66 100 0 0 100 0 0
Table 8: Compensated Dynamic Force (Bearing 2)
Amplitude Error (%) Phase Error (deg)

Freq. (rad/s) | Lower | Median | Upper | Lower | Median | Upper

120 0.470 | 0.480 0.491 | 0.093 | 0.107 0.124

205 0.110 | 0.146 0.180 | 0.101 | 0.135 0.179

300 0.035 | 0.045 0.051 | 0.040 | 0.052 0.061

440 0.080 | 0.100 0.126 | 0.020 | 0.025 0.036

650 0.030 | 0.040 0.060 | 0.012 | 0.016 0.022

1280 0.070 | 0.090 0.120 | 0.023 | 0.027 0.030

1800 0.200 | 0.240 0.287 | 0.011 | 0.013 0.016

2340 0.350 | 0.411 0.470 | 0.027 | 0.032 0.037

2750 1.126 | 1.150 1.200 [ 0.258 | 0.268 0.283

Table 9: Amplitude & Phase Errors (Bearing 2)
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5.3.3 Graphical Results

Figures 5.9 through 5.12 show the median errors and limits of the 95% confidence
bounds for all test frequencies on a logarithmic scale. Similar to bearing 1, most force
amplitude errors are at or below the 1% target, and all phase errors are below the
1 degree error target. There is variability in the median errors across frequencies,

which is especially apparent at the low dynamic load cases seen in Figures 5.11 and

5.12.
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Figure 5.9: Amplitude Error, Compensated Dynamic Force
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Figure 5.10: Phase Error, Compensated Dynamic Force
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Figure 5.11: Amplitude Error, 50 & 350 N Dynamic Force
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Figure 5.12: Phase Error, 50 & 350 N Dynamic Force

5.4 Discussion

The primary goal of the experiment was to accurately determine bearing force within
1% of true amplitude, and 1 degree of true phase. Collecting the results for all
frequencies, the medians of 81.4% of amplitude measurements and 100% of phase
measurements fell within the target. Concatenating all results and error boundaries
for each bearing, the following confidence intervals can be established for each exper-

iment in Table 10.

Amplitude Error (%) Phase Error (deg)

Bearing | Lower | Median | Upper | Lower | Median | Upper

1 (Soft) | 0.3410 | 0.3510 | 0.3700 [ 0.1203 | 0.1271 | 0.1340
2 (Stiff) [ 0.3101 | 0.3200 | 0.3410 | 0.0613 | 0.0635 | 0.0676

Table 10: Results from All trials, both bearings
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thing to keep in mind is that these errors were for three dynamic load test cases. If

Overall error frequency distributions are shown in Figures 5.13 and 5.14. One

more cases were studied, the distribution would have a slightly different trend.

Percent of Test Cases

Percent of all Test Cases

Force Amplitude Errors - Bearing 1

4 8 0

6
Amplitude Error (%)

(a) Amplitude Error Distribution (%)

Percent of all Test Cases

Phase Errors - Bearing 1

10 15
Phase Error (deg)

(b) Phase Error Distribution (deg)

Figure 5.13: Results Frequency Distribution for Bearing 1
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1
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12 16
Phase Error (deg)
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(b) Phase Error Distribution (deg)

Figure 5.14: Results Frequency Distribution for Bearing 2
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From the graphical results in the previous section, however, it is obvious that
the expected errors are frequency dependent; For example, the median amplitude
errors were higher for all dynamic loads at the 120 rad/s frequency than they were
at 205 rad/s, and as such, we can expect that an experiment that is run at the lower
frequency would elicit larger errors. The error ranges were not consistent between
bearings, however, larger errors were generally experienced at the lowest and highest

test frequencies for each case.

An important trend that can be seen when comparing the same test frequency at
different dynamic excitations is that the amplitude of the dynamic load has a direct
effect on the cancellation amplitude and phase errors. This isn’t directly obvious
because each frequency is tested at a different dynamic load in order to hit the target
relative displacement. However, when all frequencies are plotted on a chart of error
vs. dynamic excitation, it becomes clear that lower dynamic excitation forces result
in higher errors, across all test frequencies. This indicates that force identifications
will be more accurate if the dynamic load is at least 20% of the static system load.

See Figures 5.15 through 5.18.

Another important consideration should be taken when looking at the convergence
failures across test cases. It seems that certain combinations of test frequency and
dynamic load are more likely to lead to failed adaptive open loop convergence or
“weak” results. Due to the inherent system gains, high cancellation force amplitudes
are required at certain frequencies in order to match the bearing force. It seems that
the controller is more likely to fail in the test cases that require larger cancellation
forces. Figures 5.19 & 5.20 show the percentage of failed convergences as a function

of required cancellation force for Bearing 1 & 2, respectively.
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Figure 5.17: Errors for all frequencies as a function of dynamic force amplitude,
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5.5 Identifying Dynamic Coefficients with the ALCTR

While the primary purpose of the ALCTR is to provide force measurements, it would
be useful to begin to make bearing dynamic coefficient estimations using the rig it-
self. This simulation model is already organized to output data regarding the relative
displacement between the rotor and housing, in two sensor locations as indicated in
the Solid Modeling section. In addition, sensor errors are defined by the Lion Preci-
sion datasheet (see Appendix G) and included in the output for the sensor readings.
Tracking the motion between the components, we can develop confidence boundaries
on relative displacement using the same Monte Carlo study, and use this information
together with the force amplitude and phase determinations as defined above to make
a prediction as to the dynamic coefficients of the test bearing. Since these values can
be determined exactly through finite element analysis software, errors in coefficient
determination can be built in the same manner. The use of the relative displacement

data to achieve this would be the next milestone in the ALCTR development.

Stiffness and damping coeflicients were estimated using the relation below in equa-

tion 5.2.

F
—= k+ jwe (5.2)

Where F' and x are both complex representations of the force and displacement
amplitude & phase, respectively. Here, the real component represents the stiffness and
the imaginary component, divided by the test frequency, represents the damping. The
Monte Carlo study was performed for three test frequencies and two load conditions

for each bearing, as indicated in Table 11.
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205 rad/s

Test Frequencies | 650 rad/s
2340 rad/s

Compensated

350 N

Test Loads

Table 11: Test Conditions for Stiffness & Damping Identification

5.5.1 Dynamic Coefficient Identification Results

Figures 5.21a and 5.21b show the median errors and 95% confidence intervals for the

stiffness and damping parameter identifications for Bearing 1. These of course are

compared to the true values as determined by the FEA analysis of the solid model.
Figures 5.22a and 5.22b show the median errors and 95% confidence intervals for

the stiffness and damping parameter identifications for Bearing 2.
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Discussion Preliminary results for dynamic coefficient identification indicate that

the ALCTR method of force measurement is extremely effective. Stiffness coefficients

for all test cases are correctly identified well within 1% of true value.

Damping

coefficient determination was a bit more variable. Results were heavily dependent on

the test frequency, however damping identifications on the 650 and 2340 rad/s cases

for both bearings were accurate to a significantly better degree than any previous

method of determining damping coefficients. All results from this study are tabulated

below, in Table 12

Stiffness (%)

Damping (%)

Lower | Median | Upper | Lower | Median | Upper

205 rad/s (all) | 0.440 | 0.500 0.563 | 56.200 | 68.100 | 77.410
Bearing 1 | 650 rad/s (all) | 0.156 | 0.170 0.177 | 2.029 | 2.440 3.040
2340 rad/s (all) | 0.470 | 0.488 | 0.530 |2.227 |2.420 | 2.566

205 rad/s (all) | 0.255 | 0.279 0.305 | 58.320 | 66.400 | 74.432

Bearing 2 | 650 rad/s (all) [ 0.161 | 0.177 0.190 | 6.575 | 9.951 25.016
2340 rad/s (all) [ 0.155 | 0.165 0.180 | 0.522 | 0.577 0.637

Table 12: Confidence intervals for all Stiffness & Damping identification trials
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6 Conclusions

6.1 Findings and Contributions

ALCTR Force measurements The results of this experiment indicate that the
Active Load Cell is an accurate method of making force amplitude and phase pre-
dictions across the range of frequencies between 100-3000 rad/s (20-500 Hz). Results
are most accurate when the dynamic load applied is at least 20% of the static system
load (equipment weight + external loading). The overall median error in amplitude
identification was approximately 0.35% for the Bearing 1 (low stiffness), and 0.32%
for Bearing 2 (high stiffness). The overall median error in phase identification was

approximately 0.12 degrees for Bearing 1, and 0.06 degrees for Bearing 2.

These results are well within the target range specified prior to this study. The
findings of this simulation strongly suggest that pursuing the Active Load Cell as a
method of force identification is beneficial not only to the FFBTR, but as a standalone
rig capable of making identifications for other purposes within ROMAC and beyond.

ALCTR Dynamic coefficient measurements Initial estimates of bearing coef-
ficient errors indicate that using the Active Load Cell concept for force identification
may significantly improve results obtained for dynamic cofficients. The trials runs on
three test frequencies were much more accurate for all stiffness and most damping
identifications than all previous methods of studying these coefficients. More work
needs to be done to develop more realistic confidence bounds, particularly taking ad-
ditional sources of error into consideration. However, the results of this study show
promise that the coupling of the ALC force measurements system and FFBTR may

provide significant improvements to the way fluid film bearing coefficients are studied.
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6.2 Future Work

The information presented in this thesis comprises a large majority of research and
simulated work that is required prior to the time and expense of building a physical
test rig. Due to time constraints, some parameters had to be prioritized over others;
not that these additional considerations should not be analyzed, but they were less
imperative to understanding the overall operation of the rig. Further study on the

feasibility of the ALC should cover the below considerations.

Magnetic System Full specifications need to made in terms of identifying appro-
priate equipment for a robust and effective magnetic suspension system. The analysis
done here using FEMM is a strong basis as to the rough actuator requirements, how-
ever, these actuators were simulated independently in a vacuum environment. The
magnetic amplifier model used in this simulation is rudimentary and not based on
hardware specs. The ability of the magnetic actuators to effectively support the
housing structure will depend on the slew rate and other parameters available due to
the amplifier. This equipment needs to be researched and a more thorough amplifier

model should be included for more realistic response of the magnets.
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Physical Modeling The solid structures modeled in CAD here are mostly com-
plete when it comes to rotor and housing masses. The framing system was not fully
developed for the purposes of this paper. For example, manufacturing the upper and
lower platforms out of solid billets of aluminum would be costly and would not allow
for any sort of modularity or adjustment. These components are more likely to be
constructed from a framing platform, one which was initially considered was the 80/20
product line [28]. A representative from 80/20 came to the University of Virginia to
give a product demo and have an initial consultation on the requirements for this
project. This is one good option to follow up on when it comes time to develop the

ALC test rig framework.

The housing flexures that were designed were modeled from simple extension
springs, the specifications of which were pulled from McMaster-Carr part no. 1832K27
(See Appendix G). More sophisticated flexures may need to be developed and ana-
lyzed in finite element analysis software in order to evaluate their effect on the ALC
test rig control. This is particularly important because through simulation it was
shown that stiffness and damping applied on the housing in the test direction (z) had
a significant impact on the ability of the adaptive open loop controller to converge.
A mechanism that would allow for stiffness in the x and y planes but offer minimal

stiffness in the z direction would be ideal.
No research was done into the foundation and vertical support rail system. De-

veloping a robust foundation should also be considered when analyzing the framing

structure and establishing a physical footprint in a test facility.
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Additional Sources of Error The error sources analyzed were primarily due to
equipment misalignments and accelerometer specifications. There are other sources
of error that may cast new insight on error boundaries of force identification. These
include but are not limited to shaker calibration, support and foundation resonant

frequencies, thermal effects on sensors, and user error.

Signal Processing The data from the displacement sensors in this model that was
utilized in the PID controllers was assumed to be filtered. A more realistic model
should feature noisy sensor data that has been processed through an appropriate
lowpass or averaging filter. Spikes in sensor data may cause a jumpy response from

the magnetic actuators.
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A Test Rig Physical Parameters

Mom. of Inertia Stiffness Damping
Ixx | 0.054 | kgm | Kx | 1.00E+08 | N/m Cx | 1.00E+02 | Ns/m
Iyy 0.162 | kgm | Ky | 1.00E+08 | N/m Cy | 1.00E+02 | Ns/m
1zz 0.159 | kgm | Kz | 0.00E+00 | N/m Cz | 0.00E+00 | Ns/m
Ixy 0.000 | kgm | Ko | 1.00E+08 | Nm/rad | Ca | 1.00E402 | Nms/rad
Ixz 0.000 | kgm | KB | 1.00E+08 | Nm/rad | CS | 1.00E402 | Nms/rad
Iyz 0.000 | kgm | Ky | 1.00E408 | Nm/rad | Cv | 1.00E+02 | Nms/rad
Mass | 22.319 | kg

Rotor Parameters
Mom. of Inertia Stiffness Damping
Ixx | 0.138 | kgm | Kx | 4.15E404 | N/m Cx | 4.15E+01 | Ns/m
Iyy 0.156 | kgm | Ky | 4.15E+04 | N/m Cy | 4.15E+01 | Ns/m
1zz 0.210 | kgm | Kz | 0.00E+00 | N/m Cz | 0.00E+00 | Ns/m
Ixy 0.000 | kgm | Ka | 0.00E400 | Nm/rad | Co | 0.00E+00 | Nms/rad
Ixz 0.000 | kgm | KB | 0.00E400 | Nm/rad | C3 | 0.00E+00 | Nms/rad
Iyz 0.000 | kgm | Kv | 4.15E+04 | Nm/rad | Cvy | 4.15E401 | Nms/rad
Mass | 20.870 | kg

Housing Parameters
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Mom. of Inertia Stiffness Damping
Ixx 0.000 | kgm [ Kxx | 3.00E406 | N/m Cxx | 1.50E+00 | Ns/m
Iyy 0.000 | kgm | Kyy | 3.00E+06 | N/m Cyy | 1.50E400 | Ns/m
1zz 0.000 | kgm | Kzz | 3.00E407 | N/m Czz | 1.50E+03 | Ns/m
Ixy 0.000 | kgm [ Kxy | 0.00E4+00 | N/m Cxy | 0.00E400 | Ns/m
Ixz 0.000 | kgm | Kxz | 0.00E400 | N/m Cxz | 0.00E+00 | Ns/m
Iyz 0.000 | kgm [ Kyz | 0.00E400 | N/m Cyz | 0.00E400 | Ns/m
Mass | 0.000 | kg Ka | 0.00E+00 | Nm/rad | Ca | 0.00E+00 | Nms/rad
Kj3 | 0.00E400 | Nm/rad | C8 | 0.00E+00 | Nms/rad
K~ | 0.00E+00 | Nm/rad | Cy | 0.00E+00 | Nms/rad
Bearing 1 Parameters
Mom. of Inertia Stiffness Damping
Ixx 0.000 | kgm | Kxx | 1.00E+07 | N/m Cxx | 5.00E+00 | Ns/m
Iyy 0.000 | kgm | Kyy | 1.00E+07 | N/m Cyy | 5.00E4+00 | Ns/m
1zz 0.000 | kgm | Kzz | 1.00E+08 | N/m Czz | 5.00E+03 | Ns/m
Ixy 0.000 | kgm | Kxy | 0.00E+00 | N/m Cxy | 0.00E+00 | Ns/m
Ixz 0.000 | kgm | Kxz | 0.00E+00 | N/m Cxz | 0.00E+00 | Ns/m
Iyz 0.000 | kgm | Kyz | 0.00E+00 | N/m Cyz | 0.00E+00 | Ns/m
Mass | 0.000 | kg | Ka | 0.00E400 | Nm/rad | Ca | 0.00E400 | Nms/rad
KA | 0.00E+00 | Nm/rad | C3 | 0.00E400 | Nms/rad
K~ | 0.00E+00 | Nm/rad | Cy | 0.00E+00 | Nms/rad

Bearing 2 Parameters
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x | -0.0440 | m x | -0.0440 | m x | -0.0950 | m x | -0.0950 | m

A |y |-01360 | m | B |y |0.1360 | m A |y |-01360 | m |B|y| 01360 | m

z | -0.0133 | m z | -0.0133 | m z | -0.0008 | m z | -0.0008 | m

x | 0.0440 | m x | 0.0440 | m x | 0.0950 | m x | 0.0950 | m

C |y 01360 | m | D |y |-0.1360 | m C |y |01360 | m|D]|y|-0.1360 | m

z | -0.0133 | m z | -0.0133 | m z | -0.0008 | m z | -0.0008 | m
Sensor Locations (from housing Actuator Locations (from

CG) housing CG)

x | -0.1000 | m x | 0.1000 | m x | 0.0000 | m x | 0.0000 | m

X1R |y | 0.0000 | m | X2R |y | 0.0000 | m EXC | y | 0.0000 | m | CAN |y | 0.0000 | m

z | -0.0438 | m z | -0.0438 | m z | 0.1407 | m z | -0.1499 | m

x | -0.1000 | m x | 0.1000 | m x | 0.0000 | m

X1H |y | 0.0000 | m | X2H | y | 0.0000 | m ACC |y |-0.0750 | m

z | 0.1171 | m z | 0.1171 | m z | 0.0536 | m

Relative Disp. Sensor Locations Shaker and Accel. Locations

(from resp body CG) (from resp body CG)
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B All Results

B.1 Bearing 1

Test Condition Convergence (%) Result (%)
Freq. (rad/s) | Exc. Force (N) [ Run 1 | Run 2 | Failure | Strong | Weak | Failure
120 68.6 100 0 0 100 0 0
205 59.1 100 0 0 100 0 0
300 50.0 100 0 0 100 0 0
440 91.9 100 0 0 100 0 0
650 173.2 91.2 8.8 0 94.8 0.4 4.8
1280 83.2 100 0 0 100 0 0
1800 50.0 100 0 0 100 0 0
2340 150.3 100 0 0 100 0 0
2750 263.7 100 0 0 100 0 0
Compensated Dynamic Force - Convergence Table
Test Condition Convergence (%) Result (%)
Freq. (rad/s) | Exc. Force (N) | Run 1 | Run 2 | Failure | Strong | Weak | Failure
120 50.0 100 0 0 100 0 0
205 50.0 100 0 0 100 0 0
300 50.0 100 0 0 100 0 0
440 50.0 100 0 0 100 0 0
650 50.0 100 0 0 100 0 0
1280 50.0 100 0 0 100 0 0
1800 50.0 100 0 0 100 0 0
2340 50.0 100 0 0 100 0 0
2750 50.0 100 0 0 100 0 0

50 N Dynamic Force - Convergence Table
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Test Condition Convergence (%) Result (%)
Freq. (rad/s) | Exc. Force (N) | Run 1 | Run 2 | Failure | Strong | Weak | Failure
120 350 100 0 0 100 0 0
205 350 692 |252 |56 888 |40 |72
300 350 70.8 18.8 10.4 88.4 0.8 10.8
440 350 940 60 |0 912 |36 |52
650 350 75.6 19.6 4.8 88.8 2.4 8.8
1280 350 73.6 22.4 4.0 80.8 7.6 11.6
1800 350 100 0 0 100 0 0
2340 350 100 0 0 100 0 0
2750 350 100 0 0 100 0 0
350 N Dynamic Load - Convergence Table
Amplitude Error (%) Phase Error (deg)
Freq. (rad/s) | Lower | Median | Upper | Lower | Median | Upper
120 1.600 | 1.630 1.660 | 0.444 | 0.461 0.495
205 0.460 | 0.530 0.570 | 0.246 | 0.283 0.312
300 0.160 | 0.170 0.190 | 0.175 | 0.197 0.210
440 0.190 | 0.225 0.300 | 0.036 | 0.041 0.057
650 0.094 | 0.122 0.169 | 0.017 | 0.021 0.027
1280 0.680 | 0.790 0.860 | 0.037 | 0.040 0.046
1800 0.680 | 0.730 0.790 | 0.375 | 0.416 0.458
2340 0.230 | 0.248 0.260 | 0.226 | 0.265 0.295
2750 0.351 | 0.377 0.398 |0.148 | 0.173 0.219

Compensated Dynamic Force - Amplitude & Phase Errors
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Amplitude Error (%)

Phase Error (deg)

Freq. (rad/s) | Lower | Median | Upper | Lower | Median | Upper
120 2.206 | 2.240 2.270 | 0.502 | 0.530 0.552
205 0.518 | 0.570 0.610 | 0.290 | 0.343 0.396
300 0.160 | 0.170 0.190 | 0.175 | 0.197 0.210
440 0.350 | 0.370 0.470 | 0.068 | 0.073 0.090
650 0.590 | 0.763 0.960 | 0.054 | 0.062 0.075
1280 1.230 | 1.369 1.560 | 0.061 | 0.065 0.073
1800 0.680 | 0.730 0.790 | 0.375 | 0.416 0.458
2340 0.570 | 0.660 0.710 | 0.632 | 0.749 0.986
2750 2.190 | 2.280 2.350 | 0.602 | 0.686 0.801

50 N Dynamic Load - Amplitude & Phase Errors

Amplitude Error (%)

Phase Error (deg)

Freq. (rad/s) | Lower | Median | Upper | Lower | Median | Upper
120 0.282 | 0.300 0.318 | 0.090 | 0.099 0.114
205 0.080 | 0.105 0.143 | 0.137 | 0.191 0.263
300 .030 0.044 0.060 | 0.022 | 0.030 0.048
440 0.066 | 0.083 0.100 | 0.015 | 0.020 0.024
650 0.023 | 0.030 0.040 | 0.011 | 0.015 0.018
1280 0.062 | 0.092 0.120 | 0.033 | 0.052 0.061
1800 0.116 | 0.127 0.137 | 0.040 | 0.047 0.056
2340 0.085 | 0.100 0.110 | 0.113 | 0.133 0.153
2750 0.278 | 0.299 0.310 | 0.096 | 0.111 0.136

350 N Dynamic Load - Amplitude & Phase Errors
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B.2 Bearing 2

Test Condition Convergence (%) Result (%)
Freq. (rad/s) | Exc. Force (N) | Run 1 | Run 2 | Failure | Strong | Weak | Failure
120 236 100 0 0 100 0 0
205 213 80.0 18.4 1.6 94.4 2.0 3.6
300 193 92.4 7.6 0 97.2 2.0 0.8
440 338 100 0 0 91.2 4.0 4.8
650 525 7.2 17.2 5.6 84.8 3.6 11.6
1280 382 90.4 8.8 0.8 91.6 3.2 5.2
1800 286 88.0 11.6 0.4 92.4 24 5.2
2340 162 100 0 0 90.8 4.0 5.2
2750 66 100 0 0 100 0 0
Compensated Dynamic Force - Convergence Table
Test Condition Convergence (%) Result (%)
Freq. (rad/s) | Exc. Force (N) [ Run 1 | Run 2 | Failure | Strong | Weak | Failure
120 50.0 100 0 0 100 0 0
205 50.0 100 0 0 100 0 0
300 50.0 100 0 0 100 0 0
440 50.0 100 0 0 100 0 0
650 50.0 100 0 0 100 0 0
1280 50.0 100 0 0 100 0 0
1800 50.0 100 0 0 100 0 0
2340 50.0 100 0 0 100 0 0
2750 50.0 100 0 0 100 0 0

50 N Dynamic Force - Convergence Table
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Test Condition Convergence (%) Result (%)

Freq. (rad/s) | Exc. Force (N) | Run 1 | Run 2 | Failure | Strong | Weak | Failure
120 350 100 0 0 100 0 0
205 350 74.8 22.4 2.8 92.8 2.8 4.4
300 350 72.0 24.0 4.0 95.6 0.4 4.0
440 350 100 0 0 90.4 4.4 5.2
650 350 85.2 14.0 0.8 90.8 2.8 6.4
1280 350 94.0 5.6 0.4 92.0 1.6 6.4
1800 350 83.6 12.4 4.0 87.2 3.6 9.2
2340 350 75.6 21.2 3.2 75.6 8.4 16.0
2750 350 99.2 0.8 0 90.0 5.2 4.8

350 N Dynamic Force - Convergence Table

Amplitude Error (%) Phase Error (deg)
Freq. (rad/s) | Lower | Median | Upper | Lower | Median | Upper
120 0.470 | 0.480 0.491 | 0.093 | 0.107 0.124
205 0.110 | 0.146 0.180 | 0.101 | 0.135 0.179
300 0.035 | 0.045 0.051 | 0.040 | 0.052 0.061
440 0.080 | 0.100 0.126 | 0.020 | 0.025 0.036
650 0.030 | 0.040 0.060 | 0.012 | 0.016 0.022
1280 0.070 | 0.090 0.120 | 0.023 | 0.027 0.030
1800 0.200 | 0.240 0.287 | 0.011 | 0.013 0.016
2340 0.350 | 0.411 0.470 | 0.027 | 0.032 0.037
2750 1.126 | 1.150 1.200 | 0.258 | 0.268 0.283

Compensated Dynamic Force - Amplitude & Phase Errors
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Amplitude Error (%)

Phase Error (deg)

Freq. (rad/s) | Lower | Median | Upper | Lower | Median | Upper
120 2.226 | 2.260 2.290 | 0.503 | 0.532 0.553
205 0.610 | 0.655 0.700 | 0.272 | 0.308 0.350
300 0.160 | 0.175 0.193 | 0.186 | 0.204 0.231
440 0.314 | 0.330 0.370 | 0.066 | 0.072 0.086
650 0.602 | 0.820 1.021 | 0.061 | 0.074 0.090
1280 1.949 | 2.060 2.240 | 0.051 | 0.059 0.067
1800 2.161 | 2.298 2410 | 0.013 | 0.015 0.018
2340 1.489 | 1.609 1.700 [ 0.093 | 0.098 0.102
2750 1.490 | 1.555 1.602 | 0.327 | 0.349 0.365

50 N Dynamic Force - Amplitude & Phase Errors

Amplitude Error (%)

Phase Error (deg)

Freq. (rad/s) | Lower | Median | Upper | Lower | Median | Upper
120 0.289 | 0.300 0.315 | 0.087 | 0.098 0.111
205 0.060 | 0.076 0.090 | 0.154 | 0.221 0.294
300 0.027 | 0.030 0.042 | 0.027 | 0.035 0.042
440 0.080 | 0.100 0.135 | 0.019 | 0.022 0.030
650 0.026 | 0.034 0.048 | 0.010 | 0.014 0.018
1280 0.080 | 0.108 0.150 | 0.023 | 0.028 0.033
1800 0.200 | 0.200 0.237 | 0.011 | 0.016 0.022
2340 0.260 | 0.260 0.340 1 0.023 | 0.028 0.042
2750 0.116 | 0.140 0.160 | 0.035 | 0.041 0.054

Table 13: 350 N Dynamic Force - Amplitude & Phase Errors
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C Sensor Transforms

(a) Sensor A

0 ZsA  —UsA

[Qsal =

o o =

0 0
1 0 —Zga 0 Tsa
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Ysa  —Tsa 0

z

(a) Sensor C

1 00 0 s —isc
QRscl=10 1 0 -zg¢ 0 Fsc
0 0 1 gysc —Tsc 0

Qs = [@sa Qss

(b) Sensor B

1.0 0 0 Zsp  —YsB
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(b) Sensor D
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D Actuator Transforms

(a) Sensor A (b) Sensor B
1 0 O 0 Za —JA 1 0 0 0 Zp —YB
@al=10 1 0 —24 0 a4 @sl=]0 1 0 -z 0 ip
0 0 1 §a —Fa O 00 1 §g —& O

(a) Sensor C (b) Sensor D
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E Solid Body Matrices

E.1 Rotor
Mass Matrix )
m, 0 0
0 m, 0
0O 0 m,
M, =
0O 0 0
0O 0 0
0O 0 0
Stiffness Matrix
ke, 0O 0
0 ky, O
0 0 k.
K, =
0 0 0
0 0 0
0 0 0
Damping Matrix
czr 0O 0
0 cyr O
0 0 cup
C, =
0 0 0
0 0 0
0 0 0

110

Ixy,r
Iyy,r

Iyz,r

o o o O

o o o O

Ixz,r

Iyz,r
Izz,r

o o o o o




E.2 Housing

Mass Matrix

0 my O 0 0 0
0 0 my, O 0 0
Mh -
0 0 0 Ixm,h Ixy,h Ixz,h
0 0 0 I;L'%h Iyy,h [yz,h
0 0 0 Izz,h Iyz,h Izz,h
Stiffness Matrix
kyn O 0 0 0 0
0 kyn O 0 0 0
0 0 k. O 0 0
Kh -
0 0 0 kap O 0
0 0 0 0 ksrn O
0 0 0 0 0 Kyn
Damping Matrix
Czpn 0 0 0 0 0
0 cyn O 0 0 0
0 0 cn O 0 0
C, =
0 0 0 cn 0 0
0 0 0 0 CB.h 0
0 0

0 0 0 cy
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E.3 Bearing

Stiffness Matrix

Ky, =

Damping Matrix

Cy =

k:}c:mb kwy,b
kwy,b kyy,b
kxz,b kyz,b

0 0

0 0

0 0
Cexb  Crxyb
Cryb  Cyyb
Cezb Cyz,b

0 0

0 0

0 0

Cazb
Cyz,b

Czzb

0
0
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F Matlab/Simulink Models
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Figure F.1: Simulink Model Overview
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Figure F.2: Housing & Magnetic Subsystem (part 1)
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Figure F.3: Housing & Magnetic Subsystem (part 2)
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Figure F.4: Magnetic Actuator models
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Figure F.5: Accelerometer Errors
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G Equipment Documentation

Model Number Revision: N
P | ICP® ACCELEROMETER il
—
Performance ENGLISH Sl OPTIONAL VERSIONS
Sensitivity(+ 5 %) 100 mVig 10.19 mV/(m/s?) [2] | Optional versions have identical specifications and accessories as listed for the standard model
Measurement Range +509 pk +491 mis? pk except where noted below. More than one option may be used.
Frequency Range(t § %) 110 4000 Hz 110 4000 Hz
Frequency Range(+ 10 %) 0.7 t0 6500 Hz 0.7 to 6500 Hz B - Low bias electronics. @
Frequency Range(+ 3 dB) 03510 12,000 Hz 0.3510 12,000 Hz Output Bias Voltage 45107.5VDC 45107.5VDC
Resonant Frequency 222 kHz 222kHz Excitation Voltage 120 30 VDC 1210 30 VDC
Broadband Resolution(1 to 10,000 Hz) 00005 g rms 0.005 ms* rms 111 | Constant Current Excitation 11020 mA 11020 mA
Non-Linearity S1% 1% [3] | Measurement Range +30gpk +294 mis? pk
Transverse Sensitivity $5% <5% “
Environmental J - Ground Isolated
Overload Limit(Shock) +10,000g pk + 98,100 m/s? pk Frequency Range( 5 %) 110 4000 Hz 110 4000 Hz
Temperature Range(Operating) -85 to +250 °F -5410 +121 °C Frequency Range(z 10 %) 0.7 to 6000 Hz. 0.7 to 6000 Hz
Temperature Response See Graph See Graph (11| Resonant Frequency 218 kHz 218 kHz
Base Strain Sensitivity 0.0002 gipe 0.002 (mis?)/e (11| Electrical Isolation(Base) > 108 ohm 210% ohm
Electrical Size - Hex x Height 0.75inx 0.98 in 19.1 mm x 24.9 mm
Excitation Voltage 181030 VOC 1810 30 VDG
Constant Current Excitation 21020 mA 21020 mA Q- Extended discharge time constant [P
Output Impedance < 100 ohm s 100 ohm Frequency Range( 5 %) 0.1t0 4000 Hz 0.1 10 4000 Hz
Output Bias Voltage 7.5t011.5VDC 7510 11.5VDC Frequency Range(x 10 %) 0.07 to 6500 Hz 0.07 0 6500 Hz
Discharge Time Constant 051020 sec 051020 sec Discharge Time Constant 210 sec 210 sec
Settling Time(within 10% of bias) <25 sec <25 sec Settling Time(within 10% of bias)
Spectral Noise(1 Hz) 320 pgivHz 3139 (umis?)/VHz (11 | Supplied Accessory : Model ACS-4 Single-axis, low frequency phase and amplitude response
Spectral Noise(10 Hz) 70 pg/vHz 687 (um/s?)/VHz 11 | calibration. (1)
Spectral Noise(100 Hz) 18 pg/vHz 177 (Umis?)INHz (1
Spectral Noise(1 kHz) 6.4 ugivHz. 63 (Um/s?)/NHz. (11 | W - Water Resistant Cable
Physical Electrical Connector Sealed Integral Cable ~ Sealed Integral Cable
Sensing Element Quartz Quartz Electrical Connection Position side side
Sensing Geometry Shear Shear
Housing Material Titanium Titanium
Sealing Welded Hermetic Welded Hermetic :
Size (Hex x Height) 075inx0.93 in 19.1 mm x 23.6 mm [1) Typical )
[2] B and Q options supplied with a sensitivity tolerance of + 10 %.
ight 98802 27.gm U1 11s] Zero-bases, least-squares, straight I methos
Electrical Connector 10-32 Coaxial Jack 10-32 Coaxial Jack {a] Transverse se"smvgy o leyg
Electrical Connection Position Side oe [5) See PCB Declaration ofCon!ovmance PS023 for details,
Mounting Thread 10-32 Female 10-32 Female
o Typical Sensitivity Deviation vs Temperature SUPPLIED ACCESSORIES:
o Model 080A109 Petro Wax (1)
5 10 Model 080A12 Adhesive Mounting Base (1)
- Model 081805 Mounting Stud (10-32 t0 10-32) (1)
3 Mode! ACS-1 NIST traceable frequency response (10 Hz to upper 5% point). (1)
e 9 Model M081B05 Mounting Stud 10-32 to M6 X 0.75 (1)
-3
: 0
1l 5 70 30 10 50 0 130 170 210 260 [enereafdy S JenaneeRn g sy yne oo R T spec number
Tempsraure OF) pot7-10-07 e 97 -7 .7 17 Ppate -5 | 353233080
Al are at room specified
In the interest of constant product improvement, we reserve the right to change specifications without notice. 9 B P/EZOTRON/( 5 Phone: 716-684-0001
@ Fax: 716-685-3886
ICP® is a registered trademark of PCB Group, Inc VIBRATION DIVISION “Mail: vibration@pcb.com
3425 Walden Avenue, Depew, NY 14043

Figure G.1: Accelerometer, from PCB Piezoelectronics
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Shakers, from MB Dynam

Figure G.3
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Extension Spring with Hook Ends
Spring-Tempered Steel, 2.375" Overall Length

Spring Type
End Type
Material
overall Length
oD
Wire Diameter
Extended Length
Load. Ibs.
Minimum
Maximum
Rate
RoHS

In stock
58.12 per pack of 8
1832K27

Extension

Hook
Spring-Tempered Steel
2.375"

0.75"

o105

3.004"

12.80
50.00

5818 Ibs.sin.
Compliant

Figure G.4: Flexure Spring, from McMaster-Carr
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